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FOREWORD

The research described herein, which was conducted by Mechanical
Technology Incorporated under NASA Contract NAS 3-9433, was performed
under the project management of Mr. Henry B. Tryon, Space Power Systems
Division, NASA Lewis Research Center. The report was originally issued
as Mechanical Technology Incorporated Report MTI-69TR21, volume I.
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NOMENCIATURE
Radial Clearance, inches.
Journal bearing diameter, inches.
Thrust plate thickness, inches.
Friction Horsepower, HP.

Radio of actual friction power loss in thrust bearing to couette
power loss.

Film thickness, inches.

Minimum Film Thickness, inches.

Thrust bearing film thickness, neglecting distortion effect,
inches.

Pivot point £ilm thickness, inches.
Conversion factor, thermal to mechanical energy unitsg J =
9336 in lbs

BTU

Stiffness, 1lbs/inch (used also to denote dimensionless curvature
ag defined on Page 47).

Angular stiffness in the pitch direction, in. lbs/radian,
Angular stiffness in the roll direction, in., lbs/radian.
Foil bearing stiffness, 1lbs/inch.

Thermal conductivity, BTU/in. sec.°F.

Length of journal bearing, inches.

Length, inches.

Angular speed, RPS.

Pad natural frequency in pitch, RPS.

Pad natural frequency in roll, RPS.

Ambient pressure, psia.

Heat flux, BTU/sec.
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R Journal bearing radius, inches. (Also used to denote radius
of curvature of thermally distorted thrust plate, inches, as
shown on Page 46).

Ri Inside radius of thrust bearing, inches.

R0 Qutside radius of thrust bearing, inches.

r Radius, inches.

r, Inside radius of shaft, inches.

r, QOutside radius of shaft, inches.

T Temperature, °F.

t Thickness, inches.

W Load, 1bs.

Wo Load capacity of thrust bearing neglecting thermal distortion

effects, lbs.

W Dimensionless lgad caBacity of thrust bearing, W=
W/[T‘[‘ 'Pa ‘(Ro - Ri )]

X, ¥V, Z Coorainates, inches.
a Thermal expansion coefficient, in/in-oF.
A Normalized distortion parameter defined on Page 47.
S) Groove depth, inches.
8 Angular coordinate, radians.
A Thrust bearing compressibility number, =
3w (R2-R, ©) /B b °
7 Absolute viscosity, 1b°sec/in2.
T Time, seconds.
-] Attitude angle, radians. (Also used to denote heat flow

factor defined on Page 50).

w Angular velocity, radians/second.
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I. INTRODUCTION

The ability of gas-lubri-zated bearings to operate at elevated temperatures is

an important attribute to their utilization in Brayton Cycle machinery for dynamic
power conversion in space vehicles, as well as in other high-speed, high-temperature
rotating machinery. Since the cycle gas itself serves as the lubricant, there
should be, neglecting distortion, no inherent limit on the operating temperature

of the bearings, such as exists where o0il lubricated bearings are used. Further-
more, since the viscosity of gases increases with temperature, so does the
theoretically achievable load capacity of self-acting (hydrodynamic) gas-

lubricated bearings.

To date limited advantage has been taken of this property. The gas bearings

of the current generation of Brayton Cycle machines are designed to operate at
moderate temperatures (generally equal to or less than 500 F) and, more signifi-
cantly, in a near isothermal environment. To do this, the bearing locations
may have to be other than optimum from load sharing and rotor-bearing dynamics
standpoints. Certain design complexities, such as the use of heat dams, thermal
shunts and local heat exchangers have to be resorted to in order to control

the temperature distribution at the bearing locations. Liquid or gas cooling

of the bearings has to be used, with a consequent lowering of the thermodynamic

efficiency of the system.

The pre-requisites for successful development of uncooled, high temperature gas
bearings which, in the interest of improved machine design and thermodynamic

efficiency, will be used in future compact Brayton Cycle machines comprise:

(a) gas bearing designs that can tolerate large temperature gradients
with minimum distortions and without suffering appreciable loss of

load capacity or other static and dynamic characteristics, and

(b) bearing surface materials or <oatings that have the desired

compabilities at elevated temperatures.

The technology program reported in this two-volume final report was intended to
— -

arrive at bearing designs and surface materials or coatings that satisfy these

two pre-requisites.



The analytical and design phase of the program comprised the selection, analysis
and design of two journal and one thrust bearing configurations that have high
potential for operating, without extermnal cooling, in a.high temperature,
non-isothermal environment. The selection of the bearing configurations was made
in an earlier task of the program, based on a screening analysis of various

gas bearing types, and it is reported in Ref. 1. The detailed analysis and
design of the selected bearing types is given in this volume of the final report.
Layout drawings and materials lists for the selected bearing configurations

were separately prepared and issued to the MNASA.

The parallel experimental phase of the program comprised selection and test of
bearing materials and surface coatings. 1In this phase, three combinations of
gtructural substrate materials and surface coatings were selected for evaluation
at 900F. Similarly, a second set of three bearing materials and surface coatings
were selected for evaluation at 1400F. The selection of the materials was based
on a study of the literature and of the results of related programs. The
selected materials and surface coatings combinations were experimentally
evaeluated at 900 and at 1400F, in both a journal-pad and a spiral-grooved thrust-
bearing configurations, under start-stop and high-speed rub test conditions.

The results of the materials investigation 1s reported in the second volume

of this final report.

st



2. SUMMARY, CONCLUSIONS AND RECOMMENDATIONS

2.1 Summary

In summary, the work conducted during the analytical and design phase of the
technology program on high-temperature, self-acting (hydrodynamic), gas-lubricated
bearings for Brayton Cycle machinery which is reported in this first volume of

the final report comprised:

1. A screening analysis of several journal and thrust bearings from the
standpoint of their relative merits for operation without external
cooling in a high temperature, non-isothermal environment in compact,
high-speed rotating machinery. This screening study led to the selection
of one ''rigid'" surface journal bearing concept, one ''conformable'
surface jourmal bearing concept and one thrust bearing concept for

detailed design and analysis.

2. Design of the selected bearing concepts, including preparation of a
detailed layout drawing and materials list for each concept. These
layout drawings and materials list have been separately issued to the

NASA.

3. Detailed analysis and computation of the performance of the selected
bearing concepts, in a high temperature non-isothermal environment
and including the influence of thermal distortions, for a specified

range of operating conditions.

The materials phase of the program, which has been separately reported in the

second volume of this final report, comprised:

1. A review of the literature and of related programs, leading to the
selection of three combinations of substrate materials and surface
coatings suitable for use in gas-lubricated bearings operating in an
inert gas environment at temperatures up to 900 F, and of a similar
set of substrate materials and surface coating combinations that are

suitable for operation in an inert gas environment at up to 1400 F.



2. Experimental evaluation of the selected materials combinations at their
appropriate maximum operating temperature levels (900 F for the first
three combinations and 1400 F for the second three). These consisted
of a specified set of test conditions that included start-stop rub
tests and high speed impact rub tests. In each case the tests were
conducted with a journal bearing pad geometry and repeated with a

spiral grooved thrust bearing configuration.

2.2 Selected Bearing Types

The three bearing concepts selected from the screening study were as follows:

"Rigid" Surface Journal Bearing Concept: Foil Supported Tilting Pad Bearing

"Conformable'" Surface Journal Bearing Concept: Foil Bearing with Variable
Preload

Thrust Bearing Concept: Helical Grooved Thrust Bearing with Flexure
Supported Stator

The screening study that led to this selection is described in Ref. 1 and a
summary of its findings is given in Section 3 of this report. It is desirable

to note here, however, that the selettion of the bearings listed above is not
intended to imply that these are the only appropriate high temperature, non-
iscthermal gas bearing concepts. Since only one type was chosen in each category
for detailed analysis, the selection was based on comparative performance cal-
culations for several bearing types, which were made assuming very severe

thermal gradients in the bearing rotor and stator elements.

In particular, in the case of the rigid surface journal bearing, the tilting
pad~bearing was selected over other promising bearing types, that included the
herringbone grooved bearing. This was done primarily on the basis of the
comparative tolerance of each of these two bearing concepts to extremely
severe axial thermal gradients. In the presence of these gradients, the
tilting pad bearing (by virtue of the ability of the pads individually to roll
so as to maintain near parallelism with a thermally coned rotor) was shown

to suffer much smaller loss of film thickness than the full cylindrical,
herringbone grooved sleeve bearing. This latter bearing, however, has certain

advantages primarily from the standpoint of simplicity (as it is of single piece

construction and does not require a complex support system) that make it an



attractive back-up bearing concept. This is particularly true in cases where the

thermal gradients are less severe thu.n those used in the screening study.

2.3 Principal Conclusions

Gas bearing designs that have high tolerance of thermal gradients, so that they
can operate without cooling in compact Brayton Cycle turbomachinery, appear to be
entirely feasible. Specifically, the analytical and design phase of the present
study has shown:
1. For a 1400 F inlet turbine temperature, the temperature level of the
turbine end journal bearing, without cooling provisions, is about
600 F to 800 F, depending on the thermal shielding used and the effective-

ness of the thermal shunt.

2. The transient, temperature gradients in the rotor-bearing pads combination
are dominated by the heat generated in the bearing film. In general,
the journal temperature is higher than thebearing temperature throughout,
and the most severe variation in the local shaft to pad temperature

differences appear to occur at the steady state condition.

3. In the case of the thrust bearing, very large variations in the thermal

differential between the runner and the stator occur during start up.

4. The tilting pad bearing exhibits a very high tolerance of thermal gradients.
Large radial temperature differences between the shaft and bearing housing
of the order of 400 F can be tolerated by suitable preload design. The
stiffness of the preloading spring or flexure has to be selected based on
the anticipated radial temperature difference and the allowable limits

a1 preload variations.

5. Where pivots with relative sliding between the members (such as the conven-
tional Hertzian contact pivots commonly used in present-day tilting pad
bearings) are not desired, a foil support system can be used as described
in Section 5 of this report and in the drawing and materials list prepared
for the foil supported tilting pad bearing type. For the elevated temp-
erature condition of interest here (up to 1400 F operating temperature),
the system uses 0.020" thick x 0.40" wide Inconel X foils. These provide
calculated restraints on the pitch and roll motions of the pads that are
about two orders of magnitude smaller than the corresponding stiffnesses
of the gas film. This should permit satisfactory, stable operation of the

bearing.
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6. The foil support does not automatically provide for freedom of motion
in the yaw direction. The need for this, for example, to facilitate
accurate alignment and preserve this alignment under thermal cycling
néeds to be experimentally established. For the present, it is felt
that freedom of motion in the yaw direction is desirable and provision
for it has been included in the design by attaching each pad to its

foil support element through a Rene 41 flexure pivot.

7. Detailed performance maps were prepared for the foil supported tilting
pad bearing including thermal distortion effects and these confirmed
that the loss of load capacity and other bearing characteristics was
small, generally of the order of 10 percent or less for the specified

conditions ofoperation.

8. A general study of thermal coning and thermal crowning of the shaft,
relative to the pads was also made allowing for a wide range of values
of axial thermal gradients, and of temperature differential between the
journal center and journal ends. The results, shown in Figs. 37, 38
and 39, showed that thermal coning has very little effect on the pivot
point film thickness due to the ability of the pads to roll about their
points of support to compensate for it. Thermal crowning will, however,
result in significant reduction in the pivot film thickness, as
illustrated in Fig. 39. Thermal crowning can be limited by continuing
the use of a thermal shunt made of copper or other high thermal con-
ductivity material in the rotor (and if needed in the pads also) to

minimize the temperature gradients that induce crowning.

9. Review of the present analytical methods for predicting onset of in-
stability in tilting-pad, gas-lubricated bearings showed these to be
lagging behind the experimental and field experience. Accordingly, the
clearance values (and, hence, the magnitude of preload) used in the
field maps was based on prior experimental observations recorded during
development of the dynamic simulator of the axial flow turbocompressor
(Ref. 2.). This should provide for stable operation of the tilting pad
bearing designed herein, however, further combined analytical and ex-
perimental analysis of gas bearing stability is needed to obtain a

general solution of this problem.



10. A foil bearing was designed with variable preload and performance maps
obtained for it over the specified operating range. While this bearing
has high stability, it tends to have low radial stiffness unless very
high operating preload is used, which increases power loss. With low
stiffness, on the other hand, large journal center excursions will be

experienced.

11. The presence of large thermal gradients has very little influence
on the film thickness of the foil bearing, but it does cause displacement

of the.journal center.

12. A double acting, helical grooved thrust bearing was designed and analyzed,

which allows support of thrust lcads in either direction.

13. Thermal gradient effects in the thrust bearing were controlled by: 1. use
of a TZM stator which by virtue of its low thermal expansion coefficient (Q)
and high thermal conductivity (k), suffers virtually negligible distortions,
2. designing the Rene 41 rotor such that the crowning induced by the axial
thermal gradients is almost completely compensated for by the dishing of the
runner caused by the radial thermal gradients. With these design features,
it was concluded that loss of load capacity due to thermal gradients can
be limited to the order of 10 percent at normal operating films of the

order of 0.001".

The conclusions of the materials phase of the study are separately covered in

Volume 2 of this final report. Briefly? however, the preferred materials combination
among those tested, at both the 900 and the 1400 F levels was found to be a combina-
tion of A1203 coating sliding against « nickel-chrome bonded chrome carbide coating.
The NASA furnished eutectic fluoride film was also found to be effective in pre-

venting surface damage but problems encountered in using this film indicated that

more development effort is needed.

2.4 Recommendations

The analytical and design phase of the program has led to certain bearing designs
that appear to have a very high potential for satisfactory operatinn in a high
temperature, non-isothermal environment and will not require cooling. It is

recommended that, as the next phase of this development,these three bearing
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concepts be fabricated and tested under controlled thermal gradient conditions.
Simplifications of the bearing designs that have been arrived at here on the
basis of analytical and design-room studies should be sought and achieved during

fabrication and test.

The recommendations of the materials phase have been separately covered in the
second volume of this final report. Briefly, however, these comprise (a)
further evaluation and optimization of the use of chrome carbide combinations

as surface coatings for high temperature bearings and (b) further development

in the areas of composition, application and evaluation of solid lubricant films
including the NASA's eutectic fluoride and the Dow Corning ceramic bonded

M082 films.



3. SUMMARY REVIEW OF THE SCREENING ANALYSIS

Prior to conducting the detailed analysis of the high temperature non-isothermal
gas bearings described in this report, a screening study was made to select the
bearing types for the detailed analysis. This screening analysis was conducted
as Task I of the overall program and it has been reported in Ref. 1. Here, a

brief summary of the results of this preliminary task will be briefly reviewed.

The scope of the screening analysis was as follows:

1. Based on a qualitative assessment of various known journal and
thrust bearing types, select four candidate journal bearing types
and two candidate thrust bearing types that have most promise for
operation in an uncooled environment, under specified operating
conditions, (described below) that are characteristic of anticipated,

compact Brayton Cycle machinery.

2. Conduct a preliminary (screening) analysis of these bearing types
in order to select two journal and one thrust bearing types for

detailed analysis and design.

The selection criteria for the screening analysis included:

large value of the minimum film thickness
b. high stability threshold during both steady-state and tramsient conditions
¢c. tolerance of steady-state and transient thermal gradients
d. thermal tracking ability

e. low power loss

Prime consideration was to be given in the comparative studies to the tolerance

of the bearings to transient and steady-state thermal gradients.

The operating conditions that were used for the comparative studies of bearing

performance were:

a. shaft diameter: 2 inches



o

shaft speeds: 10,000 to 50,000 rpm
. ambient temperatures: 900F to 1400F

[=T o]

temperature gradients: up to 400F between support mount and shaft
load (total/length x diameter): zero to 5 psi
. ambient gas pressure: 5 to 25 psia (compressor inlet)

cycle fluid: air, argon and krypton

=20 - B & R (]

design life, min.: 50,000 hours

The outcome of the screening analysis was to be two preferred journal bearing
concepts and one preferred thrust bearing concept. It was,however, reguired
that at least one of the journal bearing concepts be of the conformable

type. It was also required that pivcts having relative sliding between the
bearing pads and the mounts (such as the Hertzian contact pivots used in con-

ventional tilting pad bearings) not be used.

3.1 Journal Bearings Concepts Considered during the Screening Study

From a qualitative assessment of eight gas lubricated journal bearing types the

following four were selected for the screening analysis:

1. Wire supported tilting pad bearing
2. Herringbone grooved bearing supported in tangential flexures
3. Hydrostatically suppcrted full cylindrical bearing

4, Foil bearing with variable preload

Some of the factors favoring these bearing choices wereas foilows:

The tilting pad bearing is the most widely used self-acting gas bearing in high
speed turbomachinery. This is principally because of its excellent stability
characteristics and inherent self alignment capability. Furthermore, the

fact that the bearing consists of a number of individualiy supported pads, is
advantageous from the standpoint of tolerance of thermal gradients. By use

of preloading,variations in bearing clearance due to differential thermal

(and centrifugal) growths of the rotor relative to the bearing hcusing can be
minimized. Furthermore, the ability of the pads individually to align with

the shaft surface allows them to adjust tc conical journal distortions induced by

axial thermal gradients, thus maintaining a uniform film thickness in the
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axial direction. Conventionally, the tilting pad bearing uses Hertzian contact
pivots (e.g. a ball and socket arrangement) to support the individual pads and
allow them freedom to pitch, roll or yaw, in response to translatory and conical
orbits of the shaft. In the present design study, however, this type of support
was precluded. Instead, an alternate support scheme was sought which would
allow the desired freedom of motion of the pads but which would not have its
elements subjected to relative sliding in the inert gas, high temperature
environment. A wire support system (later changed to one utilizing 0.4 inches
wide x 0.020 inches thick Inconel X foils) was selected as providing minimum
restraint on the freedom of motion of the pads in both the pitch and roll
directions, with relatively low stress levels (less than 20,000 psi) in the

support elements.

The herringbone grooved bearing has achieved increasing importance in recent
years as a practical gas bearing for high speed turbomachinery. It 1s produced
by inserting shallow herringbone grooving in either the stator or rotor elements.
The grooving makes the bearing operate as a zero flow, viscous compressor, with
large pressures generated around the circumference of the bearing, even when

the journal is running concentric within the bearing clearance. It has been
shown both analytically and experimentally that this bearing has both high radial
stiffness and a high stability threshold. Unlike the tilting pad bearing it is
of a simple, one-plece construction. The herringbone grooving imposes no serious
manufacturing problem, even for small or moderate size bearings since it can be
inscribed in the rotor. The grooves can be inscribed by machining, or,
preferably, they can be achieved by coating the rotor through an appropriate
screen, after which- the lands are ground to achieve the desired groove depth.
The bearing is generally supported in a diaphragm to provide some alignment
capability. For the present study, where large thermal gradients between the
rotor and the bearing housing are present, the bearing support comprised a

set of tangential flexures to provide high radial stiffness, while allowing

the bearing to grow radially, relative to its housing, in response to
temperature differences between it and the housing. Furthermore, by using a
relatively thin bearing sleeve(and since the tangential spoke support reduces
the conductive heat path to the housing) the beaiing should be capable of

tracking the rotor temperature during thermal transients.
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The third, rigid surface bearing concept comprised a cylindrical bearing supported
on a hydrostatic gas film. The selection of this bearing was based on earlier
theoretical analysis and experimental studies that showed that the stability
threshold of a plain circular, gas bearing can be considerably enhanced by pro-
viding external damping. For low temperature applications, this principle was
applied successfully by supporting the gas bearing in an elastomer ring. For
operation at elevated temperatures, the external damping can be provided by
supporting the bearing on a hydrostatic film. Self-alignment was provided by
spherically crowning the hydrostatic support. Tolerance of thermal gradients
was sought by using a thin, low mass bearing sleeve and by flexibly attaching
the hydrostatic seat to the housing. The hydrostatic support was to be designed
for low flow and supplied either from compressor discharge or by gas bled off
from the hydrodynamic film. During the screening study, a herringbone grooved
bearing was used in place of the plain circular one to further enhance its

stability.

The above three bearings are all of the 'rigid" geometry type so that only one of
these could be selected at the completion of the screening analysis. The "conformable!
geometry bearing reviewed in the screening study was a foil bearing. This bearing
type has the advantage of very high stability, due to the fact that the foil 'pads"
are nearly massless. A variable preload feature was incorporated in the bearing

to minimize pad load variations due to large temperature differences between the

rotor and the housing to which the foil ends are attached.

3.1.1 Preliminary Analvysis

In order to perform the comparative calculations for the selected bearings, the
following preliminary work was conducted.

a. an approximate thermal analysis was made from which the temperature
distributions in the rotor and bearings were calculated over the
transient from start up to steady-state conditions. This calculation
was made for very severe operating conditions, assuming a step jump
in the turbine temperature to 1400F at start up. The calculations
indicated that during the transient, the difference between the axial
thermal gradients in the shaft and in the bearing at the turbine end

may be as high as 50 F/inch.
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b. the computer programs for tilting pad and herringbone grooved bearings
were modified so that: (1) the thermal distortions in the shaft and
bearings are computed for any given temperature distributions in the
shaft and bearings, and (2) the bearing performance is calculated

for the distorted film shape.

3.1.2 Results of the Comparative Performance Calculations

a. The performance characteristics (film thickness, power loss and film
stiffness) were first calculated and compared for the four journal bearing
concepts noted above, for the steady-state operating conditions and in the
absence of thermal distortions. These results did not show any overriding

advantage for one bearing over the others.

b. The load capacity reductions due to thermal distortions under thermal
transients were then calculated, using the temperature distributions cb-
tained from the transient thermal analysis and using the bearing per-
formance computer programs for thermally distorted film shapes. These
calculations were made for both the tilting pad and the herringbone
grooved configurations. The results, shown in Figs. 1 through 4, showed
that the fully cylindrical herringbone grooved bearing suffers a much
higher loss of film thickness than does the tilting pad bearing. For the
most severe temperature gradients during the transient, the herringbcone
grooved bearing was found to lose as much as 79 percent of its minimum
film thickness, whereas the loss in the tilting pad bearing was on the
order of 33 percent. Physically, the reason for this is as follows.

The axial thermal gradients produce a tapered film clearance along the
bearing. Accordingly, in the case of the herringbone grooved bearing,
the clearance is small at the turbine end and large at the opposite

end of the bearing. At the turbine end, the clearance ratio was reduced to
0.0003"/", from its mean design value of 0.0007 "/" due to the fact

that the shaft is about 50°F higher in temperature than the bearing at
this end. The minimum film thickness at that end is correspondingly
very small (0.11x10-3 inches, compared to 0.53x10-3 inches at the mean
clearance value)*. In the case of the tilting pad bearing, on the other
hand, while there is a comparable loss in the difference between the pad
and shaft curvatures, the pads are free to roll about their supports,

* at 50,000 rpm, 5 psia ambient and 12 1b load
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thus tending to more nearly equalize the actual bearing clearance

along the length of the bearing. The use of individual pads, with

freedom of pitch and roll motions, therefore, offers an important
advantage, where large temperature differences are anticipated

between the bearing and the shaft.

. A stability investigation was conducted for herringbone grooved bearings,

over a wide range of the geometrical parameters of the bearing as tabu-
lated below. Based on this and on the speed and ambient pressure ranges
of the operating conditions specified for this study, 10,000 to 50,000 rpm
and 5 to 25 psia respectively, the clearance ratio for the herringbone
grooved bearing was set at O.,7x10-3 inches/inch. This is the largest
clearance that can be used without encountering instabilities within the

operating range.

FULLY GROOVED SPIRAL GROOVED JOURNAL BEARING (Grooves Rotating, L/D = 1)

h /hr ag/ar
Geometry (groove depth ratio) (groove width ratio) (groove angle)
(A) 2.1 1.0 32.8°
(B) 2.1 0.5 32.8°
(C) 2.1 2.0 32.8°
(D) 2.1 1.0 25.0°
(E) 2.1 1.0 45.0°
(F) 1.0 32.8°
(G) 3.0 1.0 32.8°

d. A further stability analysis was made for the herringbone grooved bearing

under zero load and with the thermally distorted film profile to establish
whether the bearing continues stable, despite the thermal distortions.
This calculation was made using an orbital program and the result is
illustrated in Fig. 5. It was found that the journal center trajectory

did not spiral out, thus indicating that operation continues stable.

The tilting pad bearing has inherently a high stability threshold due to
the absence of a tangential force on the shaft (i.e. the attitude angle

is zero degrees). Based on the experience gained with the Brayton cycle
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axial-flow turbocompressor simulator developed and tested at speeds up
to 60,000 rpm for the NASA (Ref.2), a clearance ratio of 0.71':10.3 to
0.8x10_3 inches/inch is satisfactory from stability standpoint for the

operating conditions specified in this study.

f. With the additional damping provided by hydrostatic mount, the clearance
ratio of a herringbone grooved bearing can be increased to about 1)~:10-3
inches/inch still maintaining stability fér the operating conditions
specified for this study. The hydrostatic mount, however, is a penalty
due to additional complexity and due to its requiring pressurized gas
either from the compressor, or from the hydrodynamic bearing film. The

latter reduces the load capacity of the hydrodynamic bearing.

3.1.3 Conclusions of the Journal Bearings Screening Analysis

The principal conclusions of the journal bearing analysis, with regard to the

choice of bearings for the detailed analysis and design were as follows:

a. Rigid surface journal bearing concept

Both the tilting pad and the herringbone grooved configurations can be
designed for high temperature, non-isothermal applications over the
specified range of operation conditions, from the standpoints of load
capacity and stability. The herringbone grooved bearing has the
advantages of construction simplicity and slightly (about 10 to 20%;
less power loss. The tilting pad bearing, however, has substantially
better tolerance of large thermal gradients, as illustrated by its much
smaller loss of minimum film thickness in the thermally distorted con-
dition. This is an inherent advantage that is due to the fact that the
bearing consists of individual pads that freely pitch and roll to com-
pensate against loss of clearance at the bearing ends. This greater
tolerance of thermal distortions gives the tilting pad bearing an added
measure of reliability in non-isothermal environment and makes it the
preferred, rigid-surface journal bearing concept for high temperature

applications.

Wire (or/foil) support of the tilting pad bearing was preferred over
radial or tangential flexures because it combined a high strength support
system with very small restraint on the freedom of motion of the individual

pads.
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The foil supported tilting pad bearing was, therefore, the 'rigid surface"

grooved bearing concept selected for detailed analysis and design.

b. Conformable journal bearing concept

The foil bearing with variable preload feature to compensate for differential
thermal growths between the rotor and the anchor points of the foil in the
bearing housing was selected as the "'conformable surface" journal bearing

concept selected for detailed analysis and design.

3.2 Thrust Bearings Selection for the Screening Study

The two bearing types selected for the screening study were:

1. Flexure mounted spiral groove bearing

2. Flexure supported tilting pad bearing

Thus, a full annular ring type of thrust bearing and a thrust bearing comprising

a set of individually supported pads were considered. The full, annular ring

type of bearing has the advantage of higher load capacity, but it is more
susceptible to loss of load capacity in the event of thermal distortions. Con-
versely, the tilting pad bearing,consisting of anumber of individually supported
sector shaped pads, exhibits good tolerance of thermal gradients, but has a smaller

load capacity potential.

For the annular type bearing, the helical grcoved bearing was selected because

of the fact its performance is very nearly independent of gas compressibility
effects up to very high values of the compressibility number (A). Particularly,
in the end of the specified speed range (up to 50,000 rpm maximum) and the low
end of the specified ambient pressure range (down to 5 psia minimum), it has a
higher load carrying ability than other known self-acting, gas-lubricated thrust
bearings. It has alsc a record of successful applications in gas-lubricated

Brayton cycle units, motor driven circulators and other, similar rotating machinery.

3.2.]1 Results of Comparative Performance Calculations

The heat transfer analysis indicated that the thermal gradients in the thrust
bearing plate and thrust runner will be governed principally by the heat generated
in the bearing, rather than by the heat conducted to the bearing region, along the

rotor.
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The screening analysis was made for a 4-1/2"0.D. x 2" I.D. thrust bearing size,

assuming an operating speed of 50,000 rpm and a minimum film thickness of 0.001".
- 2

For a viscosity of 6x10 7 1b.sec/in”~, the load capacities of the two bearings

neglecting thermal distortions were calculated to be:

Herringbone grooved bearing at Pa =5 to 15 psia: 110 1bs
Tilting pad bearing at 15 psia: 33 1bs
Tilting pad bearing at 5 psia: 18 1bs

The calculations were then repeated for the same operating conditions, but now
allowing for thermal distortion effects. The calculations were made for six
materials combinations indicated from a separate study of high temperature bearing
materials conducted under another task of the program. The results of the cal-

culations are tabulated below.

Material Combination Herringbone Grooved Tilting Pad Bearings at:
(seacor ve oton earing st s re1s Lpeis S
(1bs) (1bs) (lbs?
TZM vs TZM 92 33 18
AISI 4340 vs AISI 4340 38 33 18
TD Nickel vs Haynes 25 31 33 18
Rene 41 vs Rene 41 24 33 18
A 286 vs A 286 21 33 18
Haynes 25 vs Haynes 25 19 33 18

In the above table, account was taken of the reduction in load capacity due

to thermal distortion in the case of the spiral groove bearing, but neglected

in the case of the tilting pad bearing. Furthermore, no allowance was made

for design features to minimize thermal distortioné*and hence for improving

load capacity in the case of the spiral groove bearing. The spiral grocve bear-
ing was, therefore, judged to be superior from a load capacity standpoint. The
spiral groove bearing has the further advantage of construction simplicity,

being essentially a flexibly supported annular plate. The tilting pad thrust
bearing on the other hand requires a load equalizer mechanism., which is typically

a double row of pivoted Or flexure supported leveling links.

*(The development of such features, which would significantly reduce the loss of
load capacity due to thermal distortions,would be one of the principal objectives

of the final design task.)
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It was noted also, that the thermal distortions and, hence, the loss of load
capacity, is a function of the ratio of the coefficient of thermal expansion
of the material (Q) to its thermal conductivity (k). Figure 6, reproduced here

from Ref. 1 is a plot of the calculated load capacity versus (O/k).

3.2.2 Conclusions of the Thrust Bearing Screening Analysis

In view of its much higher load capacity potential, the spiral grooved thrust
bearing, with a flexurally supported stator was selected for the detailed analysis
and design. As noted in Ref. 1, however, the emphasis on this design wouid need
to be placed on materials selection and design features to minimize thermal

distortions.

3.3, Minimum Ljift Off Speed in the Journal Bearings

A requirement of the program was to establish the minimum desirable level of
ambient pressure in the bearing cavities at start up. In order to establish
this, the lift off speed was calculated assuming a starting load of 5 lbs
supported on a 2" diameter x 2" long journal bearing. The calculations took
account of slip flow at low ambient pressures using the method and data of

Ref. 17. The calculations were reported in Ref. 1. The results are plotted

in Fig. 7, reproduced here from Ref. 1. It will be noted that the speeds re-
quired to achieve pivot film thickness in the range of 0.1 to 0.2 x 10-3 inches,
start to rise very sharply at ambient pressure below about 1.6 psia. Thus, it
is recommended that the ambient pressures in the bearing cavities be brought

to at least 1.6 or, preferably, about 2 psia prior to hydrodynamic starts.
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4. TRANSIENT THERMAL ANALYSIS

In studying the performance of gas-lubricated bearings for high-speed, high-
temperature turbomachinery, it is necessary to determine both the transient

and steady-state temperature distributions in the journal and thrust bearing
regions. These temperature distributions are used to calculate the corresponding
thermal distortions of the bearing elements and, hence, to establish their effect
on the performance characteristics of the bearings. The temperature distribution
in any given system will depend on a number of factors including the temperatures
of the aerodynamic and electrical components, the gas flow paths and velocities,
the heat generated on the bearing films, the windage losses, the cocoling pro-
visions,the materials used, the mechanical design of the mactine including the
heat dams and thermal shunts and others. Accurate determinaticn of thermal maps
for the compact, high-temperature, Brayton Cycle machines i35 expensive and time
consuming, however, the calculation procedures and computer programs regutred
have been developed and are available. Such thermal maps were obtained, for
example, during development of the current generation of Brayton Cvcle machines,
including the NASA's axial flow turbocompressor and the turboalternator, as well
as the radial flow turbocompressor and the single shaft Brayton Rotating Unit
(BRU). In all these machines, however, either gas or liquid cooling was provided
for each bearing to maintain the gas bearing temperature at or below 500F and to

minimize thermal gradients.

As part of the present study, thermal calculations were made to determine the

range of bearing temperatures and, more importantly, bearing temperature grad-
ients that would be anticipated if the cooling provisions were omitted. These
calculations were made for the full transient from start-up of the machine,

until achievement of steady-state thermal distribution. An approximate thermal
analysis was used, as described below and in Appendix A, since the purpose of these
calculations was to investigate the effect of eliminating bearing cocling pro-
visions on the temperature distribution in the bearing area, rather than on

establishing the exact thermal maps for a specific machine.

The dimensions of the rotor-bearing system used for studying the transient temp-
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erature of uncooled journal and thrust bearings are shown in Fig. 8(a). It con-
sists of an integral shaft with a turbine disk attached at one end and a com-
pressor at the other end. The shaft is supported radially by two journal bear-
ings and is held axially by a double-acting thrust bearing located near the com-
pressor wheel. A copper shunt is used between the two journal bearings in order
to reduce the local axial temperature gradient of the shaft at the two journal

bearings.
The choice of the turbine and compressor aisk sizes, overall axial dimensions, and
journal and thrust bearing sizes are typical of current practice in the 8 to 10 KW

NASA Brayton cycle turbomachinery developed to date.

4.2 Conditions and Assumptions of the Analysis

The analysis was made, for the following conditions:

1. The system is initially at a uniform temperature (assumed to be 100F)

2. At time T = 0, the face of the turbine disk is subjected to turbine
inlet gas at 1400F. (The compressor outlet temperature was
assumed to be 250 F).

3. Heat is generated in the bearings at a rate corresponding to 50,000 rpm
and film thicknesses of 0.001 inches in each journal bearing, 0.001 inches
in the active thrust bearing face and 0.003 inches in the reverse thrust

bearing face.

The heat transfer equations were solvedrepeatedly, at time increments of 250
*
seconds and the temperature map In the system obtained for each of these incre-

ments, until steady-state conditions were achieved.

The simplified heat transfer analysis that was made used the following assumptions.

1, Temperature distributions are axisymmetric (i.e. the temperatures are

uniform about the axis of rotation).

¥ except for the first 250 seconds which were divided into 5 increments of 50
seconds each, and the temperature distribution calculated at each of these
increments.
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2. Radiant heat transfer was neglected

3. The enclosure temperature was treated as uniform at each time step
and governed by the overall heat balance for each time step.

4. The turbine and compressor wheels were represented by thin disks of

uniform thickness.

Writing the finite difference approximations for the heat transfer equations of the
turbine disk and thrust bearing in the radial direction and for the rotor in the
axial direction, a set of 3 x 3 matrices are obtained and the method of Ref. 18

is used to calculate the transient temperature distribution at each time step.

The thermal analysis and the derivation of the matrices are given in Appendix B.

4.3 Results

Figure 8(b) shows the thermal conductivity and the surface convective Leat transfer
coefficients used in the calculation. The thermal conductivities used for the
rotor elements are those for a high temperature alloy such as Rene 41. A TZIM
thrust bearing housing was assumed, since TZM has a very low value of the ratio
(a/k)* and, thus, suffers very low distortion making it an excellent material

of construction for the stator of gas lubricated thrust bearings operating at

elevated temperatures and in the presence of high thermal gradients.

The calculations were made for three cases. 1In Case A, a 0.25" thick annular
copper shunt (rp—rs) in Figure 8(a) was assumed and the convective heat transfer
coefficient on the back face of the turbine wheel (HA in Fig.8(b)) was assumed

to be 2 BTU/(hrxftzon).

The transient and steady-state temperature distribution in the shaft between the
back face of the turbine and the thrust runner are shown in Fig. 9 at 250, 500,

3000 and 5500 seconds after start up. At 5500 seconds, the temperature distribution
no longer varies with time and is considered to have reached the steady-state
condition. As seen in Fig. 9, the steady-state temperatures for bctt journal

bearings are under 600 F and the axial thermal gradients are moderate.

* where o is the coefficlent of thermal expansion and k is the thermal
conductivity.

21



In assessing the performance of the gas film during thermal transients, two
effects of temperature gradients and consequent thermal distortions have to be
considered, The first of these is the change in the operating bearing clearance
due to the temperature difference between the rotating journal and the bearing
housing to which the individual pads are attached (as well as any difference in
thermal expansion coefficients if dissimilar materials are used). The flexure
supports of the pads and preload mechanism, if any, have to be designed so as

to control the change in operating clearance (and, hence, the change in preload),
to keep it within tolerable limits. The second effect is the change in the
difference between the radii of curvature of the pads and of the rotating
journal, due to the temperature difference between the journal and the bearing
pads (as well as any difference in thermal expansion coefficients 1f dissimilar
materials are used). Furthermore, this difference in radii of curvature will,
in general, vary axially, i.e. along the length of the bearing. Figures 10 and
11 show the axial temperature distributions in the pads and in the rotating
journal at four time intervals during the transient. It 1is seen that the pads
track the shaft temperature fairly well. 1In no instance does the local pad to
shaft thermal differential exceed 40 F. Furthermore, this thermal differential

does not exhibit wide variations axially, i.e. along the length of the bearing.

Temperatures in the thrust runner and stator during transients are plotted in

Figs. 12 and 13. These curves show that during start up, the rotor is considerably
hotter than the thrust bearing. As the heating continues, the temperature of

the stator catches up with the rotor temperatures and eventually rises above it.
The stator temperature varies very little in the radial direction because of

the high thermal conductivity of TZM. However, large radial temperature gradient
exists in the runner since most of the heat generated in the gas film is carried

into the shaft by conduction.
It should be noted that Case A represents a rather ideal condition where the
thermal shield at the turbine end was assumed to be very effective and where

the conduction through the shaft was highly efficient because of the thick

copper shunt.

A second case, Case B, was then run, reducing the effectiveness of the thermal
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shielding of the turbine wheel, by increasing the surface heat transfer co-
efficient HA from 2 to 10 BTU/hrxftzon. The same 0.25" thick copper shunt

was retained.

The results of Case B illustrated in Fig. 14, show that the final, steady-state
temperature of the turbine end journal bearing increased to 640 F,(from its

value of 580F in Case A).

In Case C, the effect of copper shunting is investigated by reducing its thick-
ness from 0.25 inches to 0.05 inches. Other conditions in Case C are the same

as Case A, As shown in Fig. 15, the increase in thermal resistance in the axial
direction causes the steady-state shaft temperature at the turbine end bearing to
increase from about 580 F to about 780 F. Moreover, the temperature rise at the
center of the journal bearing length is more pronounced than in Case A, and this
will cause the shaft to crown at the jourmal bearing and may reduce the gas

film thickness appreciably. The effect of shaft crowning on the tilting pad

gas film performance is discussed in detail in Section 5 of the report.

From the foregoing results, the following conclusions are reached:

a. The temperatures of uncooled journal and thrust bearing can be maintained
at a level considerably lower than the turbine inlet temperature by
effective thermal shielding and shunting of the shaft. For example,
the maximum temperature of the turbine end journal bearing for a turbine
inlet temperature of 1400 F can be maintained in the range 600 F - 800 F
depending on the thermal shielding and shunting design, but without

external cooling.

b. At high surface speeds (about 5000 in/sec in the instance considered
here), the transient temperature gradients are dominated by the heat
generated in the gas film rather than by the heat conducted from the
hot turbine wheel. Under such conditions, the journal bearing temperature
is always higher than the shaft temperature and the most severe axial
variation of the thermal differential between the shaft and bearing

occurs at steady-state rather than at any stages during start up.

c. For the thrust bearing, the variation of the thermal differential between
the runner and stator during start up is much larger than that in the

journal bearings.
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5. THE FOIL SUPPORTED TILTING PAD BEARING

Based on the results of the screening analysis (described in detail in Ref. 1
and summarized in section 2 of this report), the "rigid" journal bearing concept
selected for detailed analysis was of the tilting pad type, but excluded the con-
ventional, Hertzian contact type of pivots. The exclusion of pivots having
relative sliding motions between the pads and mounts was in accordance with the

NASA specifications for this study.

The tilting pad type of bearing was selected because the screening analysis
showed it to have much higher tolerance of thermal distortions than the other
bearing types investigated. Flexure mounting of the individual pads was,
however, found to provide higher than desirable restraint in the freedom of
motion of the pads, with adverse effects on the stability threshold of the
bearing. Review of other support means, led to the selection of foil supported

tilting pad bearings.

The foil supports for the bearing pads, described herein, offer very low re-
straint to the freedom of motion of the pads — the restraining moment in

each axis is about two orders of magnitude smaller than the angular stiffness

of gas film in the corresponding axis. Thus, the dynamic performance of the

foil supported bearing should be very nearly the same as that of the conventional
pivoted pad bearing. This was achieved at the cost of some complexity in design.
It should be noted, however, that the work to date on the design of a foil
supported tilting pad bearing has been entirely analytical. As the design is
reduced to practice through manufacture and test, design simplifications that do
not materially reduce its performance should be effected. It should be noted
also that the steady-state and dynamic characteristics calculated and presented
in the latter part of this section of the report are applicable to bearings with
conventional pivots as well as to the foil supported tilting pad bearing since
the restraints on pad motion are in both cases very small, compared to the angular

stiffnesses of the gas film.
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5.1 Design Specifications

The design specifications established by the NASA for this study were as follows:

a. Shaft diameter: 2 inches

b. Shaft speeds: 10,000 to 50,000 rpm
. Ambient temperatures: 900 F to 1400 F
. Temperature gradients: up to 400 F between support mount and shaft
. Unit load (total load/length x diamter): O to 5 psi

c
d
e
f. Ambient gas pressure: 5 to 25 psia (compressor inlet)
g. Cycle fluid: air, argon and krypton

h

. Design life objective: 50,000 hrs.

5.2 Bearing Dimensions

The bearing dimensions used for the study were as follows:

a. Shaft diameter: 2 inches

b, Pad to shaft clearance radii at design point(i.e. ratio of the difference
between the pad and shaft ratio of curvature, to the radius of
curvature of the shaft): 0.0025 inches/inch.

c. Length to diameter ratio: 1

d. Pad wrap angle (i.e. angular length of pad): 85 degrees

e. Pivot position (i.e. ratio of angular distance from leading edge of
pad to pointof attachment to the foil support, to the total arc
length of the pad): 0.65

f. Pad thickness: 0.10 inches

5.3 Details of Mechanical Design

The final bearing design of the foil-supported, tilting-pad bearing is detailed
on Fig. 16. The design and materials of construction were selected to permit

operation of the bearing at ambient temperatures as high as 1400 F.

5.3.1 Bearing Pads

The bearing pads are of the conventional four pad type, designed to minimize

pad inertia, similar to the ones used in the NASA's axial flow turbocompressor
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simulator and the turboalternator. The pad thickness is 0.10 inch, which

gives it ample rigidity, with low pad weight and inertia.

5.3.2 Foil Support Design

Each pad is attached to an Inconel-X flexure strip, 0.020 inches thick x 0.40
inches wide. The pads are attached to the foil through a cantilever type
flexure which provides the freedom of motion in the yaw direction. This canti-
lever type flexure and the method of attachment are described later in this

section.

The foil type, Inconel flexure strip permits movements of the pad in both the
pitch and roll directions. The restraint imposed by the foil in the pitch
direction is approximately 67 inchlbs/radian while the roll resistance is

less than 18 inchlbs/radian.

The restraints were computed considering the foil as a simply supported beam.
In the case of pitch, a beam supported at either end (with movable supports)
subjected to anapplied moment at the center was considered. Following this

approach the foil restraint in the pitch direction becomes:

m/9 = %‘EI=K
P
_ bh3
I =71
3
_ _bh inlb
Kp =-7 B Tad
-1 3 -6
_ bx10 " - 27 x 10 6
Kp = - 1386 x 29 x 10
_ inlb
K, = 67 =3

where: applied moment (in.lbs)

angular displ.(rad.).

= foil length between supports (inches)
foil modulus of elasticity (lbs/inz)
= cross sectional inertia (ina)

= foil width (in)

= foil thickness (in3)

5o H I ww o 8
]
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In the roll direction of the pad, the foil was treated as a cantilever with an

applied moment across the width of the foil. For this case:

M _ 0.33Gh% _
5 272 Kz

where G is the foil torsion modulus (1b/in2)/radian

0.33x11.5x10°%2°x107%x0.4
Hence, XKy = 0.693
KR = 18 in.lbs/radian

These angular restraints of the foil supports are small compared to the angular
stiffnesses of the fluid film. For the 2" diameter x 2" long bearing considered
here, the values of the fluid film stiffness of the pads at 50,000 rpm in the pitch
direction ranged from 2410 inlbs/radian for the preload*pads to 9380 inlbs/radian
for the other pads. 1In the roll direction, the corresponding fluid film stiffness
for each pad ranged from 3720 inlbs/radian for the preload pads to 17,250 inlbs/
radian for the loaded pads. Thus, the restraints offered by the foil or the pitch
and roll directions are small compared with the corresponding film stiffnesses

and should permit accurate tracking of rotor orbits, as required for stable
operation. The foil support is, however, relatively rigid in the yaw direction.
Freedom of motion of the pads in the yaw direction is important principally

from the standpoint of permitting accurate alignment of the pads both at assembly
and following thermal cycling. Whether or not special provisions for insuring

low restraint in the yaw direction are necessary is not readily determinable in

a design study such as the present one. Experimental evaluation of the bearing
would be desirable at elevated temperatures and under thermal cycling. For the
purpose of the present design study, however, a provision for angular freedom of
the pads in the yaw direction has been provided by attaching each pad to its foil
support through a flexure pivot as illustrated in Fig. 16. This flexure is made
of Rene 41 for high tempera ture opration. It permits freedom of motion of the pad
in the yaw direction with a restraint of 1.6 in.lbs/radian. The flexure is

rated for infinite life when cycled within + 0.08 radians under the full pad load.**

The flexure is rated at 60 lbs. load, which is well above the maximum pad load

* The pair of adjacent pads which are supported on radial springs (See Fig. 16)
are referred to here as the '"preload" pads since their spring supports serve
to impose a radial preload on the bearing.

*%* The actual yaw oscillations of the pads or a tilting pad, gas bearing in
operation are of the order of 1074 to 10~3 radians.
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of 34 1bs. (maximum external load plus maximum preload). The attachment of the pad
flexure is by electron beam welding. The assembly is, in turn, electron beam welded
to the 0.020 inches thick by 0.40 inches wide Inconel X foil which has been pre-

formed to the necessary shape.

In order to insure long life at elevated temperatures, the stresses in the foil
and support members were maintained below 10,000 psi. A creep rate well below
10"3 percent per 1000 hours is given in the manufacturers' literature on the
selected materials at 1200 F for periods to 10,000 hours, at the design values of

stress levels.

5.3.3 Preload Design

To complete the pad assembly, the flexible preformed foil sheet is assembled to
pins at either end. The pin at one end is pressed in a clamp arm. Essentially
this clamp, which contains a threaded stud at the other end, permits adjustment
of the pad position. This is accomplished by changing the adjusting cap position
on the threaded screw. By threading the cap further on to the screw, the pad
will move radially inward and unscrewing it will move the pad radially outward.

A dummy shaft, or the final shaft, containing discs to simulate the compressor
and turbine wheels may be assembled in the bearings and positioned to running
position with shims between the wheel OD and housing ID at either end. The ad-
justing cap for each of the bottom pads can adjust to position the pads in contact
with the shaft. The upper pad adjusting caps are used to adjust the compressed
height of the preload springs to insure a high preload. After all the adjusting
caps are locked into position, an unloading bellows is installed on the preloaded
upper pads. Pressure applied to the bellows increas:s the preload to the

desired value.

The preload spring has a stress of 50,860 psi at room temperature and approximately
39,000 psi at 1400 F. This is well within material stress capabilities over
the temperature range although some spring relaxation may be encountered over

periods in excess of 1000 hours at temperatures above 1200 F.
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A 20 percent change in spring preload height from material creep, will result in
a 2 1b. reduction in load, for a design value of preload of about 16 1lbs, which

will not impair operation.

A further change in preload is possible due to thermal gradients between shaft
and the housing mounting point. Due to the fact, that the bottom pads are fixed,
the upper pads must assume any required variations. It should be noted, however,
that high shaft temperatures will cause high pad temperatures such that the
most significant gradient will occur primarily along the foil support. If the
average foil temperature is assumed to fall midway between the shaft temperature
and the housing temperature, then the change in foil length necessity to accept
a 400 F temperature differential between housing and shaft is .16 x 10-3 inches.
This implies that there essentially is no change in preldad due to thermal
gradients at steady state conditions. Consequently, it was assumed that under
transient conditions the required change in foil length remained below 1x10~

inches, representing a load change of 3.5 1lbs.

In order to maintain the pad natural pitching frequency above the operating speed,
it is necessary to maintain the pad preload above 12 1lbs. Considering both

long term creep and the very high radial temperature gradients, the design maintains
this minimum required preload. It is also desirable to maintain the preload below
20 1bs to limit the pad eccentricity and power loss. The design also falls within
this requirement up to a radial temperature differential of 200 F between the pad

and the foil support if the initial preload is set at 16 lbs.

5.4 Tilting Pad Journal Bearing Analysis

The methods in determining the steady-state performance of a multi-pad tilting

pad journal bearing have been highly developed (Refs. 3,4,5). A common procedure
is to first calculate charts for the performance of the individual pad and then to
determine the multi-pad performance of the total journal bearing by interpolation

of these data manually or, more generally, using a computerized procedure.

While the above conventional procedure works well for an undistorted pad, it
becomes somewhat impractical for pads with a distorted geometry mainly because
for each distorted geometry, a new set of pad data is required in order to

determine the multi-pad journal bearing performance for a given operating
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condition. If performance of several distorted pads is to be calculated,
the quantity of individual pad data needed will be enormous. For this reason,
an alternative approach was adapted here to calculate directly the steady-state

performance of the complete foil supported tilting pad journal bearing.

Briefly, the alternative method solves the dynamics of the single pad by
considering the center of shaft to be fixed. The attitude of the pad is described
by the radial displacement of the pivot position, the pitch angle, and the roll
angle, all of which are calculated simultaneously with the gas film forces and
moments, which are governed by the transient Reynolds equation. For a given

load, pitch and roll moments, the program calculates the equilibrium attitude

of the pad from a given initial attitude from the pad equations of motion and the
transient gas film equation. This approach for seeking steady-state solutions

is expensive in computer time because a time consuming, matrix inversion is
required at each time step through the transient. It is, however, the most
practical method to use, when the thermal distortion of the individual pads has

to be calculated and factored with the bearing performance calculations. Further-
more, recent advances in development of a semi-implicit method for treating the
time transient gas lubrication equation (Ref. 19), have resulted in about an order
of magnitude reduction in computer time requirements. For the thermally distorted
pads, the performance for the multi-pad bearing, including thermal distortion
effects, is obtained by the following steps which are built into the computer

program:

1. Calculate the individual load imposed on each pad from the prescribed load

and the preload, by virtue of statics.

2. Calculate the thermally distorted film shape that results from the
axial thermal gradients in the shaft and bearing pads, as well as the
radial temperature gradient across the pads. These thermal gradients
have to be obtained separately from a thermal map of the bearing region
in which the heat flow through the rotor and bearings and the heat
generation in the bearing film are included. (Temperature differences
between the shaft and the bearing housing, produce a change in the
bearing preload. This is separately calculated and the bearing per-

formance calculations are conducted for the corrected value of preload).
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3. Calculate the attitude angles, film thickness and pressure distributions
for the loaded pads and the preload pads, in their thermally distorted

shapes.

4., Calculate the change in pitch angle for a perturbed pitch moment to

determine the resonant frequency of the gas film-pad in the pitch mode.

5. Calculate the change in roll angle for a perturbed roll moment to

determine the resonant frequency of the gas film-pad in the roll-mode.

6. Calculate the change in radial displacement of the shaft for a per-
turbed bearing load to determine the total radial stiffness of the

journal bearing. -

7. Calculate the viscous loss for each pad and sum up to obtain the horse-

power loss of the entire journal bearing.

The details of this analysis are included in Appendix B.

5.5 Performance Maps

A total of 11 cases were studied for the tilting-pad journal bearing. The
condition for each case is listed in Table 1. Discussions of these cases

are given in the following sections.

5.5.1 R:ference Case

Figures 17 and 18 show the performance characteristics for a Reference case with
which the other cases are compared. Two sets of curves are presented in these
figures. The solid curves are for undistorted pads and the dotted curves are
for thermally distorted surfaces. The thermal distortions are calculated by
using the steady-state temperature distributions for the journal bearings in
Figs. 10 and 11. It is seen that the distortions even for these fairly pro-
nounced thermal gradients have very small influence upon the performance of

the tilting pad bearing-. This further confirms the conclusion in the screen-
ing analysis that the freedom of the pads to roll and pitch provides them with a

very high tolerance to thermal distortions.

The pivot film thickness of the loaded as well as the preload pads increases
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with the speed and gradually tapers off above 50,000 rpm due to the centrifugal
growth of the shaft and the compressibility effect of the lubricant. For
speeds greater than 20,000 rpm, the pivot film for the loaded pad is above
0.0005 inches. The radial film stiffness for the 4-pad configuration is

symmetric in all directions and decreases with speed.

Both the trend and the magnitude of the power loss curve agree well with those
calculated in Fig. II-4 of Ref. 2 for a four-pad bearing operating under com-

parable conditions.

In Fig. 18, the ratio of the resonant to the operating frequencies was plotted
for the loaded as well as the preload pads both in the pitch and in the roll
modes. The frequency ratio in the roll mode is shown to be always slightly
higher than the pitch frequency ratio. At lower speeds, these resonant
frequenciles are all far above the running frequency. As the speed approaches
50,000 rpm, both the pitch and roll frequency ratios of the preload pads may
have to be increased slightly in order to make this ratio greater than unity.
The date for a higher preload will be presented later. On the other hand, it
has been demonstrated both experimentally and analytically in Refs. 2 and 6
that the preload pads can operate near the pitch or roll resonant frequency
without large amplitude oscillations because of the gas film damping, so that an

increase in preload should not be necessary.

5.5.2 Effect of Ambient Pressure.

Case B (Figs. 19 and 20) shows that when the ambient pressure is increased from
15 to 25 psia, the film thickness and the power loss improves slightly with the
higher ambient, but all other performance curves remain essentially the same as

the Reference case.

The influence of a reduction of ambient pressure from 15 to 5 psia as shown
in the curves for Case C (Figs. 21 and 22) seems to be strong. Pivot film
thicknesses are severely reduced, and the power losses are correspondingly

increased, relative to the Reference case,at all speeds.
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5.5.3 Effects of Bearing Load

Cases D and E (Figs. 23 through 26) give the performance for a 10 pound bearing

load at ambient pressure equal to 15 and 25 psia. As expected, the frictional

loss and the pivot film thickness are improved with the bearing load reduced by .
half. There is a slight reduction in the resonant frequency ratio for the lower loaded

pads. The case of vertical operation or zero bearing load is plotted in Fig. 27.

5.5.4 Effect of Viscosity

Case G (Figs. 28 and 29) shows that the increase in viscosity from 6 to 8 x 10-9

2
lb.sec/in introduces the expected change in performance. The film thickness for the
loaded pads is higher and the friction horsepower also increases by about 30 percent,

compared with the Reference case.

5.5.5 Effect of Clearance Ratio

In Case H (Figs. 30 and 31) the influence of reducing the machined-in clearance

ratio is seen to be significant, particularly at higher speeds where the centri-

fugal growth is large. At 50,000 rpm, the pivot clearance reduces to about half that
for the Reference case, and the power loss also is doubled for these small

clearances. However, the resonant frequency ratio is much improved at high speeds

for the preload pads.

The effect of increase in clearance ratio at a preload of 20 pounds instead

of 12 pounds is shown in Case I (Figs. 32 and 33). This case should be compared
with Case J (Figs. 34 and 35) instead of the Reference case because of the change
in preload. As expected, the film thickness and power loss are improved with the

larger machined in clearance ratio.

5.5.6 Effect of Preload

With a 12 pound preload, it was found that the pitch and roll resonanting
frequencies of the preload pads are very close to the running frequency
at speeds approaching 50,000 rpm. Case J shows the resonanting frequency
ratios of these pads can be increased by more than 50 percent at 50,000 rpm
if the preload is raised from 12 pounds to 20 pounds. However, the increase

of preload also reduces the pivot film thickness of all pads, and this results
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in approximately a 30 percent increase in power loss.

The performance under vertical operation with a preload of 20 pounds is shown

in Fig. 36.

5.5.7 Effect of Thermal Distortion

In Case A, the performance of a thermally distorted tilting pad journal bearing
was calculated and compared with the undistorted journal bearing. It was
shown that the thermal distortions of an uncooled tilting pad bearing, in that

case, did not have a significant influence on the performance.

It is now of interest to determine how the loaded pad will behave when

more severely distorted. A study of the transient and steady-state temperature
distribution reveals that thermal distortions come from two sources, the axial
thermal gradient of the shaft (referred to as the coning temperature distribution)
and the rise of shaft temperature at the center of the bearing (referred to as
the crowning temperature distribution). Typical coning and crowning thermal
conditions are shown in Fig. 37. The pivot and minimum film thickness plotted
as Figs. 38 and 39 are for the operating conditions used for the Reference case
at 50,000 rpm. From Fig. 38, it can be seen that both the pivot and the minimum
film thickness are not much affected by the coning of the shaft even with an
axial thermal gradient of 100 F/in. This result is not surprising since the

pad is free to roll and the rolling compensates for the coning of the shaft.

The reduction of pivot and minimum film thicknesses due to crowning of the
shaft, as seen in Fig. 39, is quite large. For a crowning temperature rise of
100'F, approximately 40 percent of the pivot and minimum film thicknesses are

lost by shaft crowning.

The above results confirm the physically evident result that crowning of the
shaft has a much stronger effect on bearing film thickness than does a coning
type of distortion. The reason for this, as earlier noted, is that the bearing
pads roll about their points of support to maintain alignment with the shaft
when when it exhibits a linear coning type of distortion, but they cannot

compensate as readily for a crowning type of distortion which involves a
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curvature of the journal or bearing surfaces in the axial direction. Figures
37, 38 and 39 are useful in that they permit ready assessment of the effects of
these two types of distortions on the bearing film thicknesses once the temperature

gradients and, hence, the pad distortions can be estimated.

It should be noted that in the case of the bearings considered here, the maximum
gradients or temperature differences calculated in the approximate thermal analysis
given in Section 4 were as follows,

temperature gradient including coning: 50 F/inch

temperature differential inducing crowning: 40 F

The maximum temperature differential causing crowning was found in the case
(Fig. 15) where the copper shunt thickness was reduced to 0.05 inches. Even

at this condition, and without allowing for the fact that some crowning of

the pads also occur which compensates in part for the shaft crowning, Fig. 39
shows that the loss of pivot point film thickness relative to an undistorted

= O.69x10.3 inches for the undistorted

-3 plvot
case and 0.61x10 inches for a 40 F crowning temperature rise).

pad is only about 80u inches, (i.e. h

The crowning temperature rise is due principally to the heat generated in the
bearing film and it can be reduced in the shaft by use of the copper shunt in the

journal region.

The above results, however, are encouraging in that they indicate the wide

tolerance of tilting pad gas bearings to the presence of thermal gradients.

5.5.8 Gas Film Stability

In high speed rotating machinery, it is not uncommon to encounter rotor whirl.
When the amplitudes associated with the whirl become large (comparable for
example, to the magnitude of the minimum film thickness) so that the safety of

the equipment is endangered, it becomes necessary to correct the conditions that
give rise to the whirl. Basically, these comprise (a) identifying and eliminating
or at least reducing the source of excitation or, (b) making design changes to

control the whirl amplitude by providing additional damping.
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In identifying the source of whirl excitation, it is necessary to differentiate

between forced excitation and self excitation.

In the first case, the rotor is forced into whirl in response to excitation

which is largely independent of the whirl amplitude. Examples are: rotor mass
unbalance, unbalanced magnetic forces in electrical machinery and unbalanced pressure
forces in aerodynamic components. Usually, this type of excitation asso-

ciated with a clearly identifiable frequency (synchronous in the case of rotor
unbalance, some multiple of the electrical frequency in electrical machinery,

or some multiple of the number of struts, discharge ports or dissymmetry in the
aerodynamic path in turbomachinery). The remedies are: to reduce the excitational
force (better balancing, modifications in the magnetic field, "smoothing' the

air passages, etc), to detune the system (i.e.by stiffening the rotor or changing the
stiffness of the bearings) or provide sufficient damping to reduce the amplitude

to acceptable limits.

In the case of self-excitation, the rotor axis does not have a stable equilibrium
position. The rotor is in a condition where, once 1t gets away from the equili-
brium position, due to any small disturbance, energy will be fed into the
whirling of the rotor, and the amplitude will build up rapidly. This energy
normally derives from the drive torque, but the source responsible for the self-
excitation is, of course, the mechanism which 1s capable of converting ''rotation

"mechanism'

energy' into "whirl energy'". Since damping is commonly accepted as a
which extracts energy from a vibration, whereas self-excitation,as just discussed,
implies that energy 1s supplied to the vibration, one may say that the ''mechanism"
respongible for self-excited whirl behaves as a 'megative damping’’. Thus, at the
threshold of self-excitation, the overall system damping is zero, and the rotor
will tend to whirl with a frequency equal to its lowest natural frequency,

namely, the first critical speed, similarly to the response to an undamped
resonance. This is typical of most forms of self-excited whirl, and it is one of

the criteria used in identifying this type of excitation.

Thus, one obvious way of overcoming self-excited whirl is to provide sufficient
additional damping to neutralize the amount of negative damping deriving from the
source of the self-excitation. When this is not feasible, or can only be done
to a limited extent, it is necessary to identify the source and find other

corrective measures.
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The most common *mechanism' of self-excited whirl is hydrodynamic instability,
encountered in some fluid film bearings. Such bearings have 'megative damping"
for whirl frequencies less than approximately half of the rotational frequency
which means that instability may be encountered at roughtly twice the first
critical speed. Hence, high-speed rotors employ"anti-whirl' bearings of which
the tiiting pad journal bearing is a typical example. 1If the inertia of the pads
and the friction of the pivots are ignored, this bearing is "inherently" stable
and for this reason, this bearing type is the most commonly used one for high-

speed rotors, especially in gas-lubricated machinery.

Recent investigations (e.g. Refs. 7 and 8) have shown that when the pad inertia
is included in the analysis, the tilting pad gas-lubricated bearing has a finite
stability threshold. This calculated stability threshold is, however, relatively
high being of the order of 100,000 rpm for typical compact, space power Brayton
cycle machines that have been run to date, such as the dynamic simulator of the
axial flow turbocompressor described in Ref. 2. By making some assumptions
regarding the friction restraint in bearing pivots or by otherwise imposing
restraints on the pads, the calculated stability threshold can be reduced down
to the order of 50,000 rpm or less. Experimentally, also, sub-synchronous

whirl has been observed, e.g. in the axial flow turbocompressor simulator as
described in Ref. 2, as well as in the radial flow gas generator developed
elsewhere for the NASA. In both these cases, the whirl was effectively
suppressed by reducing the operating clearance of the bearing, i.e. by increas-

ing the level of preload.

At present, however, the state-of-the-art of stability analysis of tilting pad

gas bearings is lagging the experimental observations and it has been useful
principally in exploring possible causes of observed instabilities — after the
instabilities are observed in particular machines. Accordingly, at this time,

the stability threshold maps prepared from the experimental observations during
development and operation of the axial flow turbocompressor simulator (and given

in Figs. IV-15 to IV-17 of Ref.2) were used to establish the maximum operating
bearing clearance at which stable operation is expected. Based on this data,

which was obtained with a 2.125" diameter bearing and a rotor weight of approxi-
mately 11 lbs the maximum operating diametral clearance allowable without incurring
sub-synchronous rotor whirl was 2.3 mils at speeds up to 50,000 rpm. This limit has

been observed for the cases presented in the field maps.
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6. DESIGN OF CONFORMABLE JOURNAIL BEARING

For the conformable journal bearing, the three-foil journal bearing concept has
been selected for the detailed analysis and design. This foil bearing is
designed according to the same specifications as those given earlier (in Section

5.2) for the tilting pad journal bearing.

6.1 Bearing Dimensions

The major dimensions for the three-foil bearing described and analyzed herein

were:
a. Shaft diameter: 2.00 inches
b. Length of foil: 2.00 inches
c. Number of foils: 3
d. Thickness of foil: 0.001 inch

e. Foil wrap angle: 60 degrees

f. One foil preloaded

6.2 Details of Foil Bearing Mechanical Design

The foil bearing design underwent several progressive changes before arriving

at the configuration shown on Fig. 40. Initially, the approach was to utilize
three separate foils each supported on a hammock-type sling support system. For
high temperature operatimn, a design stress limit of 15,000 psi was selected

for the mount support system to insure that long term creep could be maintained
within design control. This, however, resulted in support wires of 3/16 inch
diameter or greater which reduced the support system flexibility excessively.

At lower temperatures, where stresses of 60,000 psi could be tolerated, the sling
type mounting configuration appears to offer distinct advantages in alignment
capability. At temperatures above 600 F, the flexibility of this support system

diminishes and other methods of mounting the foil bearing become more attractive.
An important, practical design problem that became quickly apparent in the

present design study (and which has in fact materialized in cases where foil

bearings have been built and tested )is that of the end connections of the foil.
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The end connections must be achieved without crimping the foil or otherwise
causing it to deform or be non-uniformly stressed along its width. Partly to
reduce the number of end connections, and also because of other design simpli-
fications, a single strip is used to constitute all three pads. A somewhat
similar arrangement was independently developed and is being used in another,
more fundamental, analytical and experimental study of foil lubricated journal

bearings conducted by another contractor for the NASA (Ref. 9).

In the single, continuous foil design concept that was considered here, and

wﬁich is illustrated in Fig. 40, the foil is loosely threaded through the pins
and a dummy shaft is installed and shimmed to establish the shaft center. The
tension on the loosely installed foill is then increased to two pounds so that

the foill securely contacts the shaft circumference. The two bottom foil segments
are then locked in position to prevent further motion. Next, the preload of

eight pounds is applied to the upper foil segment through the spring system.

This insures that all the foil segments are maintained in tension, while permitting
freedom for shaft radial and thermal growth. For small shaft diameter changes

(up to .005 inches radially), an approximate 1 to 1 correspondence exists between
radial dimensional shaft change and foil length change. This implies that the
maximum change in foil length will not exceed plus or minus .002 inches due to
centrifugal growth or to radial thermal gradients up to 500 F per inch. Utilizing
a foil tension preload spring of 500 pounds per inch spring rate, results in a

maximum possible change in tension of plus or minus one pound.

The complete bearing assembly is mounted on a gimbal configuration consisting of
two sets of flexural pivots. The pivotal restraint of these flexures is 22 inch
pounds per radian, which is very small in comparison with the angular stiffness of
the bearing. The bearings, therefore, should be quite capable of maintaining
alignment under thermal gradient conditions. The maximum load capabilities of the
flexures is above 300 pounds which is approximately an order of magnitude greater

than the required capacity.

The foil itself has a tensile stress of approximately 4800 psi which represents
the highest stress element in the design. Above 1000 F, the foil may be subject
to long term creep. The preload spring can accommodate some change in foil

length and consequently some creep may be tolerated. Because of the limited
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material data at elevated temperature, it is impossible to predict life
accurately. However, the design should be suitable for a life in excess of
1000 hours at elevated temperature, in excess of 1000 F, and considerably longer

life at temperature below 1000 F.

Starting and stopping operation on the foil is presently a problem because

of the poor compatibility of suitable foil materials, such as Inconel X and the
shaft materials. The application of coatings to improve compatibility, as

used in rigid surface bearings would greatly reduce the foil flexibility.
Therefore, hydrostatic jacking is utilized, supplying the jacking gas through
the center of the shaft. A single set of crifice holes located centrally under
the foil width is utilized. As soon as a self-generated film is preduced

during operation, the jacking gas may be shut off.

6.3 Multi-Pad, Foil Journal Eearing Analysis

In a recent independent, experimental study of elastohydrodynamic lubrication

of individual foil bearings (Ref. 10), very good agreement was obtained between
the measured and predicted film thickness distributions. This enhances

the confidence in using existing foil bearing theory, which is given in Refs. 11
and 12. To calculate the performance of the present three-foil journal bearing,
the theory of Ref. 11, for an infinitely long foil including the compressibility
effects, has been adopted. Using the results in Ref. 13, an analysis and comput -
er program were prepared to determine the minimum film thickness, the radial
stiffness and the power loss of multi-pad pearing. In this analysis, the effects
of the thermal differential between the mounting and the journal, and the effects
of the foil elasticity on the radial stiffness were all included. The foil bearing

analysis used here is for a three '"pad" bearing with two pads fixed.

Briefly, the analysis involves first calculating the radial load exerted upon
each pad from the prescribed preload and the load applied on the journal
bearing. With the load upon each pad given, a set of equations is then derived
to solve for the foil tension, the wrapping angle, the nominal gas film thick-
ness, and the displacement of the shaft. These equations are derived from the
geometry of the system, from the elongation of the foil due to stretching and

thermal expansion, and from the infinitely long, flexible foil theory of Ref. 11.
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-A slight non-linearity in these equations necessitates the use of a iterative
procedure to solve for the above quantities. However, the convergence of these
equations is extremely rapid. The stiffness expressions in any two mutually
orthogonal direction are then derived analytically by a small perturbation of

load in these directions. The derivation of the analysis is included in Appendix C.

6.4 Performance Maps

Altogether 10 cases have been studied for the three-pad foil journal bearing. The
operating conditions used for each case and the major results obtained from the
computer program are listed in Table 2. The performance maps for these cases

are plotted on Figs. 41 to 52. These performance curves include the minimum

film thickness of the loaded as well as the preload foil segments, the power loss,and

the radial stiffness of the journal.

6.4.1 Effect of Ambient Pressure

Cases A, B and C show the effect of the ambient pressure at a preload of 8

pounds and a bearing load of 20 pounds. At 50,000 rpm, the minimum film thickness
for the loaded foil is very small, in the order of 0.2 mils and less, and the mini-
mum film for the preloaded upper foil is in the neighborhood of half a mil. The
nominal film is about 1.4 times the minimum £ilm. Because of these small film
thicknesses, the power losses are shown to be very high. At 5 psia ambient

the power loss becomes 0.6 hp which is more than twice of that of the tilting

pad bearing. The stiffnesses in two mutually perpendicular directions are

unequal because of the preloaded three-foil configuration. The stiffnesses,

as shown in Figs. 41 to 43, are insensitive to the change of ambient pressure.

6.4.2 Effect of Load

As the load decreases from 20 pounds to 10 pounds, the minumum film thickness
for the loaded foil is almost doubled as indicated in Figs. 44 to 46. The
decrease in load brings ‘considerable reduction in stiffnesses. On the other

hand, the power loss is much improved.

The case of zero-gravity operation is plotted in Figs. 47 to 49 for P, = 5 to 25
psia. For these cases, all foils have the same film thickness, and power loss
is the least of all cases, however, the unloaded foil bearing has a very low

stiffness.
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6.4.3 Effect of Viscosity

Case J, Fig. 50, was conducted for the same conditions as Case B, Fig. 42, except
that the viscosity was increased to 8x10-7 lbsec/inz. As would be expected, the
higher viscosity provides some additional film thickness for the loaded foil

pads, as well as a higher power loss for the bearing.

6.4.4 Effect of Thermal Differential Between Housing ~ud Shaft

CasesK and L are concerned with the effects of the temperature difference
between the foil and the shaft. As sﬁown in Figs. 51 and 52, a change of
600 F in the thermal differential brings negligible change in the performance
of the foil bearing. However, large thermal differential does have a strong

influence on the shaft displacement.

6.5 Conclusions of the Foil Journal Bearing Performance Analysis

The foregoing results lead to the following conclusions:

a. Because they are conformable, foil bearings possess an inherent
advantage in tolerating the shaft thermal coning and crowning.
This, however, is obtained at some cost in increased power loss.
For example, the power loss of the three-foil bearing may be as high
as twice of that of the tilting pad journal bearing under the same
operating conditions, when high radial stiffness is necessary to

prevent sizeable excusions of the shaft center.

b. Compressibility effects are important in the foil bearing, the
clearance of the loaded foil causing a reduction in the minimum

film thickness.

c. The thermal differential has a strong influence on the displacement
of the shaft center but has negligible influence on the film

thickness.
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7. HIGH TEMPERATURE THRUST BEARING

The helical grooved thrust bearing was selected for the detailed analysis in the
present study, based on the results of the screening analysis which is described
in detail in Ref. 1, and summarized in Section 2 of this report. The load
capacity of the helical grooved bearing is nearly independent of gas compressi-
bility effects up to very high values of the compressibility parameter &L . Thus,
over a substantial part of the operating range specified for this study, the
helical grooved bearing was found to have higher load capacity than the 6ther
gas-lubricated thrust bearing types considered, such as the tilting pad thrust
bearing. As with other thrust bearing types, that comprise a full annular ring,
the load capacity of the helical grooved bearing does, however, suffer significant
loss of load capacity when the thrust plate or collar distort, as in the presence
of thermal gradients. Thus, in the present study where we are concerned with
thrust bearings that are capable of operating at elevated temperatures without
cooling, the principal emphasis was on the effects of thermal distortions and

how these can be minimized. The design specifications for the study were the same
as those given for the journal bearings in Section 5.2 of this report. The

design was made for a double acting thrust bearing;, capable of operation under

axial loads in either direction.

7.1 Thrust Bearing Dimensions

The major dimensions of the thrust bearing and the spiral groove geometry used

in the analysis and computations given in this section are as follows:

a. Outside diameter: 4.00 inches

b. Inside diameter: .25 inches

¢. Groove arrangement: for inward pumping
d. Number of grooves: 25

Groove depth: .00225
Groove width to land width ratio: 2

Groove terminating radius: 2.77 inches

5 0 rh O

Spiral angle: 73°
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7.2 Mechanical Design of the Bearing

The double acting, spiral groove thrust bearing afrangement is illustrated in
Figs. 53(a) and (b). A double acting bearing is used to permit load capacity
in either direction of loading. The use of a double acting bearing with
relatively small axial and play (of the order of 0.004", as used here), also
provides a higher and more nearly uniform axial stiffness, as well as serving
to accurately position the rotor in the axial direction. Furthermore, as
discussed in the thrust bearing analysis provided later in this section, it

also serves to reduce thermal distortions of the thrust collar.

To provide freedom for self alignment, the thrust plates assembly is mounted in
a gimbal flexure. The flexures, fabricated from Rene 41, are subje:ted to torsion
to provide the required gimbal motion with a restraining moment of 44 inch -
lbs per radian. This is about two orders of magnitude smaller than the angular
stiffness of the fluid film and therefore allow the thrust bearing faces to
align accurately with the thrust cocllar. Under angular motions of the order

of 0.003 radians, the flexures approach an infinite fatigue life. The use of
the flexures limits the axial load capacity of the thrust support structure to
a 400 1b. capability. This, however, is well above the thrust bearing load
requirement. The flexure units also serve to thermally isolate (from the stand-
point of heat conduction) the thrust stator assembly from the housing, thus

allowing it to track more accurately the rotor temperature.

The growth of the bore of the Rene 41 thrust runner at 50,000 rpm and assuming

a temperature of 1000 F is 0.0052 inches diametrally. To facilitate assembly and
disassembly and to limit the bore compressive stress required, the thrust runner

is assembled with a diametral interferenceof 0.004 to 0.0045 inches on an interme-
diate spring member which is, in turn, assembled with a 0.001 to 0,002 inches diame-
tral interference to the shaft. Squareness of the assembly is maintained by the
shoulder on the shaft. Anti-rotation pins are added to insure against rotation

of the thrust runner, relative to the shaft. At 50,000 rpm and 1000 F temperature,
the maximum tangential stress in the runner bore is 72,800 psi. This corresponds

to a minimum life of 10,000 hours with less than 0.2% creep. The interference

between the spring mount and the thrust runner assembly accommodates this creéep.
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As indicated above, the thrust runner is fabricated from Rene 41 material. This
is to take advantage of the high strength of this alloy at elevated temperatures.
The stationary thrust plates are fabricated from TZM in order to take advantage
of the low thermal expansion coefficient (&) and high thermal conductivity k)

of this alloy, as well as of its good high temperature properties (in an inert
gas environment). As is shown later in the analysis part of this section, the
value of (%5 determines the thermal distortion of the bearing parts. With the
low value of (&/k) of TZM, thermal distortions of the thrust stator are extremely
small, so that only the thermal distortions of the Rene 41 thrust collar need be
considered from the standpoint of their effect on the bearing load capacity. The
present design calls for a TZM spacer ring between the thrust bearing faces. Since
the total bearing clearance (axial end play) at design temperature will depend on
the differential thermal growths between the Rene 41 thrust collar and the TZM
spacer ring, allowance for this differential thermal expansion has to be made at
assembly. For a bearing operating temperature 1000 F above the assembly tempera-
ture, and assuming a 0.5 inches thick thrust collar, the loss in axial clearance
is 0.0025 inches. The axial clearance at the assembly temperature thus has to be
0.0065 inches, to achieve the desired clearance of 0.004 inches at an

operating temperature which is 1000 F above the assembly temperature.
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7.3 Thrust Bearing Analysis

The analysis of helical grooved, gas-lubricated thrust bearing is well established
and is described, for example in Refs. 14 and 15. Using the analysis of Ref. 15,
the normalized load capacity for the bearing having the geometrical properties
defined above (in section 7.l1) was calculated and is given in Fig. 54. This
figure, however, neglects the loss of load capacity that occurs in event of
thermal distortion of the plates. Recently, the analysis of helical grooved
thrust bearings was extended to include the effects of thermally induced dis-

tortions of the bearing surfaces (Ref. 16).

This theory, adapted to the double acting thrust bearing of interest here is
briefly reviewed below. This analysis was used to obtain the bearing performance

charts provided later in this section.

7.3.1 Analysis of Thermally Distorted, Spiral-Grooved Thrust Bearing

The analysis is based on the well known relation governing the spherical curvature
produced by a given heat flux in the axial direction. As illustrated in the
sketch below, the curvature produced when a disk is heated from one side by a
uniform heat flux q" (heat generated per unit area), is given by:

%=a(gz')='-’%¢' O

where ¢ is the coefficient of thermal expansion and k is the thermal

conductivity.

T~

T-+AT

Thermal Distortion of a Thrust Plate_
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In a thrust bearing, the heat flux will not be uniform, but is proportional to
@nzrz)/h. However, the curvature produced by this non-uniform heating can be
approximated by using Eq. (1) if one assumes that the heat flux q" is the

average flux over the bearing area. Based on this assumption,

7 x
2 o 3
" = f 2 n uéw ; . 4/ r~ dr > (2)
Jx (r "-r.7) T
o} i ri ho + EE

where f is a friction factor to account for reduction of friction due to the
larger film thickness in the grooves. f is determined by the spiral groove
bearing analysis. Carrying out the integration and substituting the results
in Eq. (1) a relation can be found between the dimensicnless curvature K

and the distortion parameter A.

KZA =|__._1__ 2 1+ K (3)
2 n |——e
ri ri 2
L1 -(7) 1+ (D x
(o] [o]
where
2 k h0 1
A = >3 @ ) Of
b r o
o)
2
rO
K =37 ®
(o)

It is important to note that, physically, the factor K represents the ratio of the
. 2
amount of non-flatness at the bearing rim(i.e. the crown height r_ /2R) to the
minimum film thickness, ho“ Once the geometry, velocity, ho and the thermal
2

properties are known, the distortion parameter can be readily calculated, and

the crown height can be found by using Eq. (3).

In the case where distortion of the runner and stator are both considered,

Eq. (3) can still be used if the a/k in the distortion parameter 1s taken as
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To determine the load capacity of a distorted spiral-grooved thrust bearing, the
numerical solution of the spiral groove bearing equation is extended to a radially

varied film thickness. This numerical program was used to generate the per-

formance maps of the present double-acting thrust bearings.

7.3.2 Analysis of Double Acting Thrust Bearing

For the double acting thrust bearing shown in Fig. 53(a), the reduction of load
due to thermal distortion is not as severe as that of the simple thrust bearing
bécause the heat is generated on both sides of the runner and the axial thermal
gradient of the runner is smaller than the single thrust configuration. The

analysis of this bearing uses the analysis of Ref. 16, but with some modification

as described below.

In the double acting thrust bearing, the load and pressure will be affected by
thermal distortions of three types. The first type is due to the axial

thermal gradient of the stator. This type of thermal distortion is minimized

by the use of the molybdenum alloy TZM, for the stator. As was shown in the
screening report (Ref. 1), the use of TZM gives very small thermal distortions
for a single thrust plate running at 50,000 rpm with a diameter larger than that
considered in the present design. The present stator has two stator faces bolted
together with a spacer. This construction introduces additional restraint to
thermal distortion. Thus, the thermal distortion for the present double acting
stator made of TZM will have a negligible influence on the bearing performance

and it is ignored in the analysis.

The second type of thermal distortion is produced by the axial thermal gradient
in the runner. This distortion is significant for two reasons: (1} most of the
heat generated in both sides of the thrust face will be conducted through the
runner, (2) and low a/k type of material such as TZM can not be easily used for
the runner because of strength limitations. This type of thermal distortion

is accounted for in the analysis.
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The third type of thermal distortion is due to the radial thermal gradient in

the runner. As was shown earlier, in the transient and steady-state temperature
distribution given in section 4 of this report, the temperature at the outside
diameter of the runner is higher than that at the inside diameter. The ex-
pansion at the outside diameter causes a dishing effect which opposes the thermal
crowning produced by the axial thermal gradient at the loaded face. This com-

pensating effect is included in the calculations.
To determine the thermal crowning of the runner due to the axial thermal gradient,

one considers that the crowned spherical curvature is related to the average

axial thermal gradient by

_;. =G (gg) ave. (5)

To relate the axial thermal gradient and the heat generation in the gas film for

the double acting thrust runner, the following heat balance is performed.

The sketch below show that the axial temperature distribution is represented by

et >
q'_)” - ' -t q3”
Ty KI/ Ty
1
'
- Z
0] 1/2 1 d
a parabola governed by the temperature at the two surfaces, T2 and T3, and the
center temperature, Tl' This parabola can be expressed as:
z z,2
= - - Z - Z (
T T2 + (4T1 3T2 T3) (d) + ( 4T1 + 2T2 + 2T3) (d) (6.)
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The average gradient is:

I R Bl )
dz: ave. d
and
voo ST o (4T1 - 3T2 - T3) ®
€ S d
z=0
q3 K 5; d
z=d
Substracting Eq. (8) from Eq. (9), one obtains
&15. - = no_ ]
g (T3~ TP = a7-4q5 (10)
or " "
JT 1 33 7 9 -
G2 ave. "k T3 (1D
To obtain the relation between the curvature and the heat fluxes, Eq. (11)
can be substituted into Eq. (5) to give
1 _ « "
R r 9 a3 (12)
1"
where 1 95
g = 9 1 - =5
43
Eq. (12) shows that for a double acting thrust bearing, thecurvature now

depends upon the ratio of the heat flux at the two faces of the bearing. Note
for q; = qg , that is when the runner is at the middle position, the factor ©
vanishes and there will be no.distortion. Now if the heat flow is purely axial,
then q! = - q" and the factor @ becomes unity. This is precisely the case of a

2 3
single face thrust bearing with a purely axial heat flow.
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Eq. (12) also justifies the use of the Ref. 16 énalysis for the double acting

thrust runner if the distortion parameter is redefined by

h
2 k 02 1
A = |—=—— (_) (—) =
uw2r2 o Cr_ £e

o]

For the present design, the nominal operating film thickness is 0.001 inches
at the loaded face and 0.003 inches at the reverse side making a total bearing
gap of 0.004" at the operating condition. Agsuming the heat flux is propor-

tional to the inverse of the film thickness, the value of @ may be calculated

by

where ho is the center film thickness of the loaded thrust bearing. Note 0

is 1/3 for ho = 0.001 inches.

Figure 55 plots the curvature K against the distortion parameter A. Once the
quantities contained in the distortion parameter are known, the crown height

can be readily calculated from this figure.

Figures 56 and 57 plot the load degradation (i.e. the ratio of the thermally
distorted load capacity to the undistorted load capacity) against the curvature K
for two ambient pressure and for various values of ho/ro. Comparing these two
figures, it is seen that the load degradation is not sensitive to the change of
the ambient pressure. The corresponding friction factor which is defined as the
actual frictional power loss divided by the Couettepower loss, is plotted on

Figs. 58 and 59. These data will be used to calculate the performance maps

of the thermallydistorted thrust bearing.
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7.4.

Sample Calculation

The sample calculation is for the following geometry and operation conditionms.

1.

outside radius

inside radius

ambient pressure

coefficient of thermal expansion

(Rene 41)

thermal conductivity
(Rene 41)

center film thickness of the

loaded face

speed

viscosity

2 inches

1.125 inches

15 psia
8.5 x 10-6 %E*
in.

14.5 B/ft-hr-CF.

0.001 inches

50,000 rom

6 x 10-9 1b-sec/in.2

Undistorted Load Capacity of the Loaded Thrust Face

For the loaded thrust face, the film thickness to groove depth ratio is

0.001

0.00225 0.445

where the subscript 3 refers to the loaded thrust face.

From Fig. 54:
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Thus, the load capacity of the loaded thrust face is

2 2
) ) 3 uw (r0 T, )
(wo)3 = 0.024 x :-c(ro T, ) x 3
hO
2 ' -9
= 0.024 x 3¢ (2°-1.1259)" x 5230 9-5:%9——

10

53.4 1b

2. Undistorted Load Capacity of the Reverse Thrust Face

For the reverse thrust face, the film thickness to groove depth ratio is

Bl . 0003 .,
51/, 0.00225 ~

where the subscript 2 refers to the reverse thrust face. From Fig. 54

W
o

Al

= 0.0088

The load capacity for the reverse thrust is

2 -9
W) = 0.0088 x 3¢ (22-1,1252) x 5230 x 8 x 10-6
° 2 9 x 10
= 2.18 1b.

3. Total Undistorted Load Capacity

The total load capacity for the undistorted double acting thrust bearing is

Wy = G - @)

[

53.4 - 2.18
51.6 1b.

4. Thermally Distorted Load Capacity for the Loaded Thrust Face

a, Estimate the dimensionless friction factor, f from Fig. 58.

=2

f= 0.81 for ;2 = .,0005 and no distortion
o

b, Calculate the factor ¢

¢ =z 1 P__ ___EE__
2 by - b
For hy = 0.0004 and h_ = 0.001, ()

()
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c, Determine the distortion parameter

2
a —2— (X h_o) 1
" @xo)Z a ro f?
For £ = 0.81

$ = 1/3

w = 5230 rad/sec.

r = 2.0 in.

© -9 2

B = 6 x 10 1b/in.” sec.

kx = 14.5 B/ft. hr.°F

@ = 8.5x 10°° in/in. °F

h
£ = 0.0005
T

[o]

2 x 778 14.5
4 = -9 ] -6
6 x 1077 x (5230 x 2) 3600 x 8.5 x 10
2 3
x (0.0005) X 3.81
= 1.04

d, Determine the dimensionless curvature K from Fig. 55.

h
For r—° = 0.005 and A = 1.04,
[o]
K = 0.46

e, Determine the thermaldishing due to the radial thermal gradient

For the double acting thrust runner, the outside radius is hotter than
the inside radius causing the runner to dish., The amount of dishing is

calculated by

= .24 - . -
Qﬁh)dishing T2 [(T) r= ro 1) r = ri]
For the present case
() r = ro - (TY ¢ = r, = 135 F (see Fig.13)
d = 1/2, hence
-6

8.5 x 10 " x 0.5 -
, = - 135 = - 0.00028
Qﬁh)dishing ) 2 x 5 /
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The effective curvature produced by dishing is

2
o _ -.000287 _ _-.000287
2R J4ishing (ri) (1.125
1 o[22 1 -
T 2
(o]
= -0.000416

f. Correct the dimensionless curvature K for the dishing.

T 2 1

K corrected = 0.46 -|==— L
2R Loy h

dishing o

= 0.46 - 0.416 = 0.044

It is seen that for the loaded thrust face, the crowning caused by the
axial thermal gradient is almost completely compensated by the thermal

dishing due to the radial thermal gradient.

g. Determine the load degradation. The load reduction can be obtained from

Fig. 56 .
For h
°© ;9 = 0.0005 and K = 0.044
o)
(éiq - 0.925
Wo s
Wy = (W) x0.925 = 53.4 x .925 = 49.5 1b.

3

Thermally Distorted Capacity of the Reverse Thrust Face
For the reverse thrust face, both the axial and radial thermal gradients
cause the runner face to dish. These two effects are additives both

contributing to reduction of the load capacity.
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Since the load contributed by the reverse thrust face is small, we may assume
that the thermally distorted load capacity is equivalent to the undistorted
load capacity evaluated at the mean film thickness. .For the present case,

the mean film is

s

b = 0.003" 0.000602
mean 2
= 0.,0027"
The value of h for h = 0.0027" is
8 mean
h _ 0.0027 1.2
8  0.00225 )
Figure54 gives
(X = 0.0102
2
Hence -9
M, =0.0102 x 3 x (2° - 1.1257) x 5230 x —2 X0
(2.7)" x 10

3.1 1b.

Thermally Distorted Total Load Capacity
The total load capacity for the thermally distorted double acting thrust

bearing is

49.5 - 3.1
46.4 1b.

W, = @, - @,
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7.5 Discussion of Performance Maps

Figures 60 to 62 plot the total thrust load of the double acting thrust plate
against the minimum film of the loaded thrust face, h . . At h , = 0.002 inches,
min min

the thrust runner is at its mid-position corresponding to the zero load condition.

As was discussed earlier, the load capacity is affected by the crowning due to the
axial thermal gradient, as well as by the dishing due to the radial thermal grad-
ient. The lower curve in Fig. 60 shows that considerable load carrying capacity

is lost when the effect of crowning due to the axial thermal gradient is included.
Now, if the effect of the radial thermal gradient in the runner is also included,
this load capacity is largely recovered. The load capacity considering both the
crowning and dishing effects is indicated by the middle curve in Fig 60. The
degree of load compensation by the dishing effect can be controlled by the thickness

of the thrust runner.

It should be noted, however, that an overcompensation will result in loss of
load capacity due to dishing instead of crowning. Similar trends were also
found on the effects of thermal distortibn on load carrying capacity

at 30,000 and 10,000 rpm and they are plotted on Figs. 61 and 62.

The static axial stiffness obtained by graphical differentiation of the load
curves are shown in Figs. 63 to 65 for speeds at 50,000, 30,000 and 10,000 rpm.
The corresponding power losses, as calculated by the procedure indicated in

the sample calculation, are plotted in Figs. 66 and 67.

Although the performance maps given in this section are for an ambient pressure
of 15 psia, they are equally applicable to other ambient pressures in the range
of 5 to 25 psia since, as shown in Figs. 54, 56 and 57, the load capacity

and the load capacity degradation due to thermal distortions are not influenced

by the ambient pressure, within the operating range of interest here.
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For viscosities other than 6 x 10 9 lb-sec/in.”, the load, stiffness, and power
loss can be calculated from these curves by assuming that they are directly

proportional to the viscosity.

7.6 Conclusions of the Thrust Bearing Analysis

a. The minimum film thickness of a double-acting spiral-groove thrust bearing

is strongly affected by thermal distortions from two origins:

1. The axial thermal gradient resulting from the difference between

heat generated at the loaded and the reverse thrust faces; and

2. The radial thermal gradient resulting from the radially

inward heat flow.

At the loaded thrust face, the axial thermal gradient causes a crowning
which reduces the gas film thickness, but this reduction is compensated
by the dishing resulted from the difference in the axial growth due to

the radial thermal gradient.

By designing the thickness of the thrust runner at 0.5 inch for the case
considered here, 1t was found that the loss of gas film due to the crowning
is largely recovered by the dishing action due to the radial thermal
gradient over the 10,000 to 50,000 rpm speed range.

At 50,000 rpm and 0.001" film thickness, the undistorted spiral groove theory
predicts a total thrust load of 52 1b. If the crowning due to the axial ther-
mal gradient is considered alone, the load decreases from 52 1b to 30 1b for

a minimum film thickness of 0.001 inch. With the compensation from the dish-

ing due to the radial temperature gradient, the load climbs back to 47 1b

which is only a slight reduction from the undistorted load capacity.

b. From the standpoint of power loss, the thermal distortion produces some re-
duction in power loss. In all cases considered, it was found that there was
a slight reduction in frictional horsepower loss when the thermal crowning was

considered under the same load.
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TABLE 1

INPUT DATA FOR TILTING PAD JOURNAL BEARING RUNS

Case Designation Load Preload C-/Rx103 P i L %

o.thsMbs | mehes pgia REVRS
A 20.0 12.0 2.5 15.0 6.0 1.0 0.05
B 20.0 12.0 2.5 25.0 6.0 1.0 A0.05
c 20.0 12.0 2.5 5.0 6.0 1.0 0.05
D 10.0 12.0 2.5 15.0 6.0 1.0 0.05
E 10.0 12.0 2.5 25.0 6.0 1.0 0.05
F 0 12.0 2.5 15.0 6.0 1.0 0.05
G 20 12.0 2.5 15.0 8.0 1.0 0.05
H 20.0 12.0 1.5 15.0 6.0 1.0 0.05
I 20.0 20.0 3.5 15.0 6.0 1.0 0.05
J 20.0 20.0 2.5 15.0 6.0 1.0 0.05
K 0 20.0 2.5 15.0 6.0 1.0 0.05
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INPUT DATA FOR FOIL JOURNAL BEARING RUNS

TABLE 2

Case Ii.gr;td i’;:load Pa RLeLyns % Foili::;ckness Thousing-ogshaft
A 20.0° 8.0 5,0 6.0 1.0 0.001 200.0
B 20.0 8.0 15.0 6.0 1.0 0.001 200.0
c 20.0 8.0 25.0 6.0 1.0 0.001 200.0
D 10.0 8.0 5.0 6.0 1.0 0.001 200.0
E 10.0 8.0 15.0 6.0 1.0 0.001 200.0
F 10.0 8.0 25.0 6.0 1.0 0.001 200.0
G 0 8.0 5.0 6.0 1.0 0.001 200.0
H 0 8.0 15.0 6.0 1.0 0.001 200.0
I 0 8.0 25.0 6.0 1.0 0.001 200.0
J 20.0 8.0 15.0 8.0 1.0 0.001 200.0
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APPENDIX A

Transient Thermal Analysis of a Simplfied Rotor-Bearing System

NOMENCLATURE FOR APPENDIX A

c heat capacity, BTU/1b-°F

hl,h3 film thickness, inches

ha, hB film coefficient, BTU/inzxsecon

k conductivity, BTU/inxsecx F

q heat flux, BTU/sec

r>T, shaft inner and outer radii, inches
rq bearing outside radius, inches

r,X coordinates, inches

t1 thickness, inches

Tl’Tz’Ta’ 8 temperature, °F

U tangential velocity, in/sec -
0 density, 1bs/in3

T time, seconds

e viscosity, lbsec/in2

w angular velocity, radians/second

Superscripts and Subscripts (A,B,C,D,E,F,G) denote the rotor sections as

defined in Figure 8(a).
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A. Governing Equations

Figure 8 (a) shows that the simplified rotor-bearing configuration may be divided
into a number of sections. In Sections A and G, the heat flow is assumed to
be one-dimensional in the radial direction. At each grid point, accounts are
made for the heat convected at both faces of the disk. 1In Sections B, D

and F, the heat flow is assumed to be one-dimensional in the axial direction.
Again, the heat convection on both sides of the cylindrical surfaces ére
accounted at each grid point. In Sections C and E, the one-dimesional axial
heatflow is considered for the shaft as well as for the bearing sleeve. The
heat flow between the shaft and bearing sleeves is by conduction through the
gas film. In Section H, the radial heta flow is assumed for the thrust
runner and the two thrust stators on each side of the runner. The convective

boundaries are considered at the oustide face of the stator.

The governing equations for each successive section are derived below.

Section A r

cegterline B 2
v

The equation governing the radial heat transfer for the Section A is

h A h 1A A
o o ool o

A
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The boundary conditions at r = Ty is

AQJT _ A
ki T P Ty - ) @)
at r = rB,
+r _J)(r,-r )
A _ A A p (Ftrp)(fy-tp) ap
K, 5 ° By (T - Ty ) - ky A X 3)
2r t
B 1
Section B
B -
x—xA Tﬂ x—xB
! —T—= x )

The heat conduction equation governing the interior points is

dT k. 2 .2 h, & ¢ B

1 ( 1 ) T ( o ) B B h r B
—_— = == - f—_—_—— —_— (T - T) - E 2 (T - T )
or P1c1l %% P1¢1% g LG ‘plcltl) B L8

“)

B
where ro= (1:2 + rB) x 0.5

Boundary conditions for Section B.
At x = Xy B’

At x = Xp> the boundary condition is the same as that at x = Xp for Section C.

the boundary condition is the same as that for Section A at r =11

Section C

h Tg x=xc
x=XB 1
(4 i ]
i ] ¢ i
© A\ ) r,
a 1 r, L
centerline - - i

The heat conduction equation governing the interior is as follows.
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2r

oy (kl F 2% ( o . - 15
of 1y k2 Preitql |71PT, 1a
. LU ( 1 )C o). (kf £ ( 2T, (Tz'Tl) G)
2h) {pio1ty I tr, Preytyf |FFry) | By
BTZ i (kz): 327 ] ( hB ): 2r, .(T ] TC)
of Pl 3k PCty| (TatT3 2 B
. Ly 2 1 j: 2r, ( ke )c [ 2, T2-T1) )
2h1 p2c2t2 r2+r3 p2c2t2 \rz+r3 h1
The boundary conditions at x = Xp are
BTT oT, |C
B B 1] _ .c ¢ 1 )
kp £y (rgtry) (ax = kp oty (rphry) ax) 7)
c
oT
C 2 C Cc
kois= | = P (Tp -~ Tg) (8)
At x = Xoo the boundary conditions are
c BTl c oD arl D .
1 lox - 1 \ox €9)
oT
c 2| .c _C
-k, 52T )- hg (T, TB) (10)

Section D

The governing equation of the interior points is the same as Section B; the

boundary condition at x = Xo is given in Section C; and the boundary

condition at x = Xp is the same as that at x = xB.
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Section E

The treatment for Section E is identical to that for Section C.

Section F
The treatment of the interior points of this section is the same as that for

Section D except at x = x the boundary condition is given in Section G.

F’

Section G

The treatment of the interior points of this section is the same as that of

Section A. The boundary condition at r = r, is

F
dT r+r t oT
G 1 _ .G G F 1 72 1 1
k) o = B (Tp - To) * Ky ( 2r) e (5x an
1
where qg is the compressor disk temperature. The boundary condition at
r = rg is given in Section H.
Section H
The equation governing the interior points of this section are
r=r,
Tg T, T, Ty T,
—l hl —.1 - h3
r=r
l g
H 4
8T1=lkl\ l_a_(rar1+ 1 ) pole? 1+_1)
o7 P1Sq r Oor dr Zpltlc1 hy  hy
H H
( ke 11T Tl) ( ke ) T3'T1) a2
preytyl by 1P161% By

65



H.
?&-(kz _1_1(332+ 1 22 (L
T PyCsy r or \"%r 2p,¢,t, p@r hl)
H H
k T.-T h
et Bl e e
Sty by 2%ty 2P
H u
My (M) oL [P}, (1) 22 L
orT P3¢, r or |"or 204c,t, e e (h3’
H H
k T,-T h
£ 37Ty o
(pscsts} ( By ) ) (°3°3t3) (T37%) ()

The boundary conditions at r = rg are

aTl ¢ (a'rl H
551 3:) \
ot \© n ¢
1 _ a -G
3 K, (T, - T, ) f (15)
G h\G
aT2 _ |8 (T. - T G)
dr ks 3 P

The boundary conditions at r = r, are

H JP JH
ER
or B rp-rh \
H JP JH
(_a& _ (EL-EL) f (16)
or rp-—rh
ot ! h /
1 I 4 JH_, JP
(Br B i H (Tl T )

66



Section B

45
qg
L
f - q. 1, F I= 9
i 2
&r JP L T
2 |1, a5 I Jp JP o’
Tﬁ J . T1 T &r
3 3 1
I } )
Y K]
q6 ql q7

The temperature at the outside diameter of the stator is determined by the

following gross heat balance of the section shown above.

9 =9, t 93 * q,

-, . 9 BTZJP (17)
Pyc, n(rq—rh)(t1+t2+t3) - :t(rp—rn)t1 ﬁ

-

= (a3t - (a5 +ag+d; *dgtqg)

where
_ Ja _ _ JP
q; = (T, 7)) Zmorg r h7
JP JP
o, *ta,+q = @ F-r1 [ 2 2
2 3 4 1 2 ) ‘Zn(rp rh) + 2xn rp ty h7
r JP _  JH
+ = 2 2 kH 2 r, t
96 ™ 9 r -1 2 Ty b
p h
TZJP _ TBJH .
+ S k3 2% rh t3
P h
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_ TP H 2 2
95 + dg + 4q = (T2 - Ta> ha [:r(rq-rh) + 2x rq (t1+t2+t_3)]

Calculation of Enclosure Temperature

The ambient temperature in the enclosure is calculated from the gross heat
balance between the total heat released to the enclosure from all exposed

facings and the heat absorbed by the gas in the enclosure. This considera-

tion gives the following equation.

T

E
h (T.-T.) dA =
f Ts~Tg) g% VIT (18)
s
where
TS = temperature of the exposed surface
TE = enclosure temperature
pg = density of the gas in the enclosure
Cg = gpecific gravity of the gas in the enclosure
\ = volume of the enclosure

Numerical Solution

Approximating the derivatives in the above governing equations by their
implicit-type, finite difference equivalents, Egs. (1) to (18) can

be put into the following matrix form.

A <T} Iy {T lyg {T} ooy (19)

where {E j'represents a column of three temperatures at the jth grid

point. The grid point begins at the outside diameter of the turbine disk

and ends at the outside diameter of the thrust stator. Equation (19)

can be readily solved by the method described in Ref. 19. to yield transient
temperatures at each time interval. Between the successive time intervals,

the enclosure temperature is calculated by Eq. (18).
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APPENDIX B

PERFORMANCE OF DISTORTED TILTING PADS

NOMENCLATURE forAppendix ‘B

P_R%4
BP = _4__ = dimensionless pitch inertia of pad
I,C.02
Z
Pa'Rzos
BM = Q2 = dimensionless mass parameter
mPCRZ
p R*
B = & —— = dimensionless roll inertia of pad
R 2
IRCR Q
4
]
c’ = %— dimensionless radial pivot motion
R
c' = radial displacemént of pivot point from the position in which

the undistorted pad and shaft are concentric with x=y = 0, inches

CR = reference clearance (arbitrary), inches

d = distance from pivot point to pad surface, inches
D =3 dimensionless pivot-surface distance

G (z) = local radial temperature gradient of pad, °F/inch

h (8,Z)= local film clearance, inches

H = % = dimensionless local clearance
R

Ip = moment of inertia of pad about pivoted pitch axis, in.lb.sec2
IR = moment of inertia of pad about pivoted roll axis, in.lb.sec2
N = number of pads in a bearing
p = local film pressure, psia
P, = ambient pressure, psia
P = p/pa dimensionless local film pressure
PL = lgé%— = dimensionless load

p_R

a os
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Nomenclature for Appendix B (Cont'd),

RS(Z)

R
op
R
[o}:}
t
T
Tp(Z)
Ts(z)
L2 (z)

X,y

distorted shaft radius, inches
undistorted pad radius, inches
undistorted shaft radius, inches
time , seconds
9} . , .
tE = dimensionless time
o

local radial mean of pad temperature, F

o
temperature of shaft, F

pad rib thermal distortion, inches

shaft center coordinates with respect to non moving frame, inches

2 . . . .
E__ dimensionless axial coordinate
oS
z
£ dimensionless axial pivot position
R P P

coefficient of thermal expansion of shaft, 1/°F
coefficient of thermal expansion of pads, l/OF

pitch angle (positive if it increases leading edge clearance) , radians

7R

R

roll angle (positive if it increase the clearance in the + z-direction
from the pivot point), radians

= dimensionless pitch angle

2]

EB = dimensionless roll angle

R

angular coordinate mearured from ~he y-axis in the direction
of shaft rotation, radians

6uQR
E——EE— = dimensionless bearing number

a

R

. . . ; . 2
lubricant viscosit¥, lb.sec/in

angular coordinate measured from the pivot point against the
direction of shaft rotation

PH

shaft angular velocity, radians/second
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ANALYTICAL APPROACH

Due to the inherent promise of the tilting pad configuration as a high temperature
application bearing; it was deemed desirable to analyze its performance by a method
sufficiently versatile to accommodate both steady-state and dynamic operation.

This goal could be achieved by economically utilizing a newly developed technique
which solves the time transient Reynolds equation with a substantial saving in
computer time compared with previously available methods. Then, bo;h the dynamic
behavior and the steady state performance charts can be obtained by running a single
routine thus affording an efficient use of manpower and funds. Another advantage
offered by the use of time transient approaches in obtaining steady state informa-
tion is that running speeds, lubricant viscosity, pivot position and load are the
imposed parameters and the pad attitude and film configuration are the results

thus obviating the need of bulidng general field maps to isolate the performance

of a configuration with specified pivot position. The latter problem is common
with most approaches for solving the steady state Reynolds equation by specifying
the film thickness distribution and running conditions and evaluating the result-

ing load and its attitude.

The general purpose of the program was twofold: a) given the shaft and pad tem-
perature distributions, evaluate their shapes; b) given the shaft and pad
shpaes, the load, the speed, the pivot position and the viscosity, evaluate

the running clearance distribution.

The analysis was carried out for a single pad because in a bearing with N pads
of equal dimensions, symmetrically located with respect to the load line, and
when (N-2) pad have a specified preload, the external shaft load completely

determines the load supported by each pad.

The resulting routine can then be used for three basic tasks: 1) analyze the
steady state performance of each pad; 2) analyze the dynamic behavior of each
pad; 3) be made part of a larger program which calculates the performance of a
general N pad bearing. Detailed analysis for the single pad as well as for the

multipad performance are given in the following parts of this Appendix.
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SINGLE PAD ANALYSIS

The following is a description of the single pad analysis.

a) Thermal distortion

The analysis of the thermal distortion problem for both the shaft and the
pad was performed making use of some approximations which are consonant with
the scope of the present work. The shaft is considered to have a purely
axial temperature distribution which makes itsradius vary by thermal expan-
sion due to the local value of the temperature (as if the shaft were cut into
an axial series of thin circular disks).

Rs(z) = Ros + Gs Ros Ts(z) (1)
The pads are considered as an asymmetrical rib cage where an axially oriented
beam through the pivot point is the spine and many circumferential beams
are the ribs (which are rigidly attached to the spine). The temperature pro-
file is considered to be given by the superposition of a purely axial distri-
bution and an axially varying radial temperature gradient. Then the dis-
tortion is due to three factors: 1) change in radius of each rib due to

local mean temperature
@R) (2) =@ R T, (2) (2

2) change in radius of each rib due to the local radial temperature

gradient., Using thin beam analysis:

ey 2
(&R, (2) =7 O‘p Rop © (2) (3)

3) distortion of the spine due to radial temperature gradient
distribution with consequent translation of the ribs. The

local deflection is governed by

= -Qa G(Z) (4)
d z2 P

with the boundary conditions:
dw3

w3 = EZ— = 0 at z = zp (pivot point)
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x_g////

since the radial pivot translation and pad roll motion are specified elsewhere.
Equation (4) can be easily integrated numerically.

b) Film and pad dvynamics

From the results of the previous section and the nomenclature introduced
by Fig. B.1l, the film distribution (including the effects of shaft motion,
pad pitch, pad roll, and pad radial motion) is

h = Rop - RS (z) + (ARl) (z) (l-cos®) + (ARZ) (z) (l-cosg) +
+ LA (z) cos®p + x sinB + y cos® +

C' cosp + 7 (d + Rop) sing + B®(z - zp) cosQ

where €' = radial pivot motion
y = pitch angle (+ to increase h at leading edge)
® = roll motion (+ to increase h in the +z direction)

\\: shaft rotation

N

—~——_
\

Shaft
center

) \\\\ /& —— Pad surface

y .
v g Pivot

Fig. B-1 Pad Position Schematic
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The dynamics of the system produce variations in the rigid body motion variables

of the pad C', 7, & (also x,y for cases in which the shaft dynamics are included).

The film dynamics and pad dynamics are coupled and the respective equations are

solved by a step by step integration forward in time.

The film equation is (in dimensionless form)

2 2
A%{Hwa—i-wz Ca S

de? d02 o8
g v, 3% 23%
V3ede ASet a 2 azz + (6)

|

BM [[ ®-1) cosp dz do - PL] (7

Bp I] (P-1) (D+l) sinp dz de (8)

Q;% = BR ff (P-l)(Z-ZP) cos® dZ de (9

The solution of Eq. (6) is performed in sequential time steps by the technique
presented in Ref. B. 1 At each time step equations (7), (8) and (9) utilize
the loads and moments in their right-hand-sides to produce a change in velocity
and position of the three degrees of freedom G', I" and A.

4ac’ dar

ar aA
ar * Lo gre & and 4

* Ref. B.1 Castelli, V. and C.H.Stevenson, A Semi-implicit Numerical Me thod
for Treating the Time Transient Gas Lubrication Equation," MTI Report 67TR14.

Thus, starting from scme initial conditions in C',
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and P, the transient is calculated to give dynamic characteristics and the steady-
state running condition (if stable). When the steady-state position only is desired,

the possibility of long transients is eliminated by imposing an external damper

.
in the equations of motion, i.e. adding a term proportional to %%— s %% and %%

in the Equations (7), (8) and (9)respectively.

Multi-pad Analysis

a. Load Distributions of Fixed Pads

In a preloaded N-pad journal bearing, only two pads are fixed and the rest of
the pads are preloaded by specified loads, Wi. Thus, the external shaft load

vector completely determines the load exerted upon each fixed pad.

Designating numbers 1 and 2 to the fixed pads, and denoting W and ¢ as the external

load and attitude angle, the load exerted on the fixed pads, W, and W,,can be

1
determined from the equilibrium condition and expressed in the following matrix
form:
N
W1 1 - § W:L cos® 1 -1 cosg
G w5 a0
w2 - i Wi sin® i sing
where 1 = 3,4 ... N and
cos® cos@,
(] = 1 . (11)
sinOl sin92

2. Film Thickness Distributions for Each Pad

Knowing the load exerted upon each pad, the single pad analysis described in the
preceding section can be used to determine the attitude and film thickness distri-

butions for each pad with or without tne thermal distortion.

3. Resonating Frequency Ratios

If the pad is allowed to pitch withouc radial translation of the pivot or roll

motion, the resonating frequency in the pitch mode is governed by,
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(12)

€

where ®_ = pitch resonating frequency, rad/sec.
kp = angular stiffness in the pitch direction, in.1lb/rad
Ip = mass moment of inertia in the pitch direction, 1b.in.sec

The stiffness in the pitch direction is computed by determing the change in pitch
angle for a small change of pitching moment about the equilibrium position of

the pad. Thus

~ AM
k =

where AMp is a small change of pitch moment. The ratio of the pitch resonating

frequency to the running frequency becomes

)
Np = 3
.1 5
I
a P
or
Y BN
" 3 Bp kp (14)
¢] M
- R
where k = ;—ﬁz Z;B
a

Likewise, the roll resonating frequency ratio can be expressed as

N
§5= %\/BR Ky (15)
_ CR AMR

where k_ = 7 B

a

The mass moment of inertia of each pad is calculated according to the expression

given in Ref. 3 of the main text.for tilting pads.
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For the preloaded pads, it is also desirable to know the resonating frequency

ratio in the radial translatory mode. This ratio is calculated in the same

manner as for the pitch and roll drection. However, for the four-pad bearing
considered in this report, it was found that the frequency ratio in the radial

mode is considerably higher than the frequency ratio in the pitch mode. Therefore,
if the pad responds well to the shaft motion in the pitch direction, it should

track even more satisfactorily in the radial mode.

4, Radial Stiffness of the Multi-pad Bearing

By calculating the change in displacement in x and y directions for a small change
of load in each direction, one can readily determine the direct and cross-
coupling stiffness of a multi-pad journal bearing. However, for the four-pad
configuration the stiffness is the same in all directions, and it is obtained

by determining the change in radial displacement for a small increase in the

load. The radial stiffness curves presented earlier are calculated by this

procedure.

5. Power Loss

The frictional torque due to the Couette flow for each pad can be expressed as

(0%
f R2 do dz
0

o4

= ] ﬁl-de dz . (16)
0

1
[R]
fe \Nlr‘

UIL"

g

The frictional component due to the Poiseuille flow for each pad

T = W(RH) y = Wop rR? (lgg) c, T 7

a

where W is the pad load.
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Phe total frictional torque for all pads can be summed as

N
- b oa ey,
i=1

and the frictional hosepower is

I
FHP = 5600
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APPENDIX C

ANALYSTIS OF MULTI-FOIL JOURNAL BEARING

NOMENCIATURE
Wl - Load on the fixed foil #1, 1b.
W, - Load on the fixed foil #2, 1b.
W - Total load, 1b.
Wx’ Wy - Components of load W along x and y direction.
N - No. of foils

C Matrix defined in Eq. (2)

i - Index of foil.

8 - Load angle of foil #1 (see Fig. C-1), deg.

Gb - Load angle of foil #2 (see Fig. C-1), deg.

$ - Attitude angle, deg. (see Fig. C-1).

Ti - Unit tension of i'th foil, 1b/in.

bi - Width of i'th foil, in.

Bi - Wrap angle of i'th foil, deg. (see Fig. C-2).

L - The distance between two terminals of the i'th foil,

(see Fig. C-2), in.

Ei - Length of the i'th foil, in. (see Fig. C-2).

Ri - Radius of thei'th foil, in. (see Fig. C-2).

Yi - Center distance of the i'th foil, in. (see Fig. C-2).

AFi - Temperature differential of the i'th foil, between the operation
condition and the initial condition, F.

zoi - Initial length of the i'th foil, in.

@, - Coefficient of thermal expansion of the i'th foil, in/in.-°F.

B, - Young's modulus of the i'th foil, lb/in.2

t; - Thickness of thei'th foil, in.

h, =~ Mean film height of thei'th foil, in.
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U - Journal speed, in/sec.

P, Ambient pressure, PSIA

n - Viscosity, lb-sev::/i.n.2
H, - Defined in Eq. (9).

Sl’ S2 - Defined in Eq. (11).
G5 Gy, Gy - Defined in Eq. (13).

Pis» Py - Defined in Eq. (15)..
Q;» Q - Defined in Eq. (7).

X, y - Coordinates, inches




A. load Distribution on Each Foil

Figure C-1 shows the schematics of a multi-foil journal bearing in which the shaft
is supported by a number of thin tapes. Two foils are considered to be fixed,
and are designated as numbers 1 and 2 with the foil position angle 6, and 6,.

1 2
The remaining foils are considered to be preloaded foils having specified loads.

Denote W and @ as the load and its attitude angle (see Fig. C-1). The load

on the fixed foils 1 and 2 are expressed as W, and W2 and they can be determined

1
from the equilibrium condition. Thus,

-~ N W
i Wl -
) LCW -1—}: Wi cosOi
| 3
| x
-Z W, sin®,
i i
L3 p,

&

-1 cos @
- W [}] (L
sin ¢

where i = 3,4 .... N and
cos@ cosO
Q-
31n91 31n92

B.. Unit Tension (per unit width) in Each Foil

Once the load on each individual foil is found, the foil tension can be

established from the foil geometry (Fig. c-2).
Under the equilibrium, one has

W, /b,
T, = ———— (3
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Fig. C-1

Schematic

of a Multi-Foil Journal Bearing
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Fig. C-2 Geometry of a Typical Foil
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Where T, = unit tension per unit of width, 1b/in.

wrap angle

v
[]

o
fl

width of foil, in.

C. Geometrical Relationship Between Foil Length, Wrap Angle, Center Distance

and the Bearing Radius

From Fig. C-2, one obtains

B. £ R,B B
P § S R A § - i §
sin 2 [ 2 2 ] = Yi + Ri cos >
_L_i_ﬁ_f‘ﬁ;)csiJ,RiB_i,
2 |72 2 °s 3 g Sin 3

where Li = AD, the distance between the two terminals of a tape (see Fig.

Individual tape length, in.

=
[}

Radius of foil bearing, in.

=
It

D. Length of Foil Under Stretching and Heating

gi ﬁoi Ti
L .9 o
2 7 (+ & aF) 14§
i i
Where 20 = initial length of the foil.
ai = coefficient of thermal expansion, in/in-°F.
E, = Young's modulus of each individual tape, 1lb/in.
ti = thickness of each individual tape, in.

(4)

)

2), in.

®)



E. Radius of Foil Bearing Under Heating-and“Loading

Ri = Ro (1 + oy A Fi) + hi
where R0 = Initial radias of journal, in.
h; = Mean film height of each foil, in. 7

F. Mean Film Height of Foil

From Ref. 13, one can obtain the nominal film thicknesses of the foil to be

6 u u\2/3
hy = H R (1 +a AF) —-“—-Ti (8)

where Hi is a function of the foil stiffness in bending and the compress-
ibility number defined as
T,
i
P R (1L+o, AF)
a’ o i i

A=

From the data published in Ref. 13, one can deduct Hi as an empirical

*
expression in terms of Hi and A. The expression is

* ek (.044N- .344)

Hi = Hi 9)
*
Hi is a function of the foil stiffness in bending. For a perfectly flexible
%

foil, Hi is equal to 0.643. This value is used in this report.
G. The Relationship Between Load and Journal Center of Each Individual Foil
From Ews. (3), (4), (6), (8), and (9) one can express the variation of
AXi, change of journal center, in terms of Awi, change of load for each foil,
as follows:
Differentiating, Ews. (3) and (6), one has

de. B.

—* = sdW, + S, 4+ 0

2 1My 2 2 (10)
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foi r%af)

1 2E, ¢,
i1

where S

I
b

A X
2 bi sin 2

B,

_ ci
S5y, =8; W, cor

Differentiating Eq. (4), one has

By £y
d—i = Gl d (—E) + G2 in + G3 dRi
where G, = L
2 7z, B, B h
2 T T2 Ryjcosy
B
- - 1
G1 = G2 sin 2 ?
B. p B
- i S | i
G3 = | cos 2 + > sin 2 G2
W
Differentiating Eq. (5), one has:
Bi ﬂi
d_i = Pl d (—E) + P2 dRi
~
B. 2. B, B.
- L X . L 10 —&
where P1 = cos = /( 2 Ri 2 ) sin =5
B. B.
- -x _ _1
P, = Ea“ 2 2]1’1
J
Differentiating Eqs. (8) and (9), one has
Bi
dRi = Ql dWi + Q2 d—-z-
hi 3
where Ql = - B 1 - 2 A (.008A - .344)
3T, b,sin—:L
i i 2
Bi
Q2 = - Q1 Wi cot =5
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[

¥/ B
Finally, eliminating dR , ¢ and d—;‘ from Eqs. (10), (12), {14) and

(16), one can express dwi in terms of in,
)
dwi = 1-6.5.-G.Q uYi
12 32 (ps +pQ,) -GS, -6,Q (18)
1-5,P,-7,Q, 1°1 7 f2Y 1°17°3%

H. The Stiffness Components of Foils 1 and 2

The sketch below shows the journal position after it is displaced from the origin

of the coordinates. The geometric relation is

Center of
Journal

Center
of bearing

y

Sketch of the Geometric Relation of the Bearing
and Journal Center

x sin 8 + y cos Gi = -Yi, i=1,2 (19)

Differentiating Eq. (19), one has

. + - .
sin Gi dx cos © i dy in €20)

The stiffness components can be obtained by differentiation of the total load with

respect to the coordinates.

From Eq. (1), we can obtain the components of W in the x and y directions, i.e.

‘Wx and wy respectively. Writing wx and Wi in terms of Wi we have:
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N
W =-W, cos 6, -W, cos O, -
1 1 "2 2 Z W, cos 8, (21)
3

y
N
Wx = -W1 sin 91 -W2 sin 92- Z wi sin 9i (22)
3

From Eqs. (21), (22), and (20), one has

W, dw ) aw, ) h
= a9 sin 91 + . sin 92
1 2

jﬁx = (—iﬁ- co529 + d—wz- sin29
dy le 1 d-Y2 2 (23)
dWx 1 dwl dw >
—a; =35 a’; sin291 +-2- de sin262
daw ) dWx

ax dy

J

dw,

i

¥ are calculated according to Eq. (18)
i

1. Method of Computation

The given quantities for a foil bearing design are:

W, @, bi, Li, cxi, AFi, Ei, £ Ro.‘ It is seen that ti and p; are implicitly
expressed in Eqs. (4), (5), (6), and (8, An iterative procedure i$

adopted to solve for zi and Bi’ by first guessing Bi at no thermal gradient and
tension. After the corrected values of zi and Bi are found, the fluid film thick-

ness and the stiffness components are readily determined from Eqs. (8) and (23).

respectively.
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TILTING PADS - CASE A

= 6.0 x 10”2 1b-sec/. 2
in

Load = 20 1b. U
Preload = 12 1b. L _ 1.0

D

€ -2.5x 107 in, .
(at O RPM) D= 0.05

p, = 15 psia

30§ : B TSR T
| Surface Undistorted

- ~—~-Surface Thermally

Distorted
20 5 A T Al S O e s I oy T B
SR AR =y RN
I
h pivot x 104 (in.) =57
Preload Pads -
R ] A
e O o 0 o T
X » h pivot x 104 (in.)
BEETHE Loaded Pads
g = = T T o ——
- - _ ,-7__'.“'¥ =R
EAT SR RERES:
T REgRaEae-
5 sl - - =
B F N I o gt " = e o
. __j 1rji£;’ xrﬁ, L1 / ‘+ES— =i
4 Lk A BE/ERREEEEEER
PrldiRk LA SENRERE
-t .
e KR x 10 (1b/in)
2 FTD
10 20 30 40 50

Speed, (RPM x 1073

Fig. 17 Performance of Tilting Pad Journal Bearing, Case A

105



TILTING PADS - CASE A
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TILTING PADS - CASE C
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TILTING PADS - CASE B
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TILTING PADS - CASE C
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TILTING PADS - CASE D
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Fig. 23 Performance of Tilting Pad Journal Bearing, Case D
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TILTING PADS - CASE D
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TILTING PADS - CASE E
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TILTING PADS - CASE E
Load = 10 1b. L o=6.0x 107°
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Fig. 26 Performance of Tilting Pad Journal Bearing, Case E
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TILTING PADS - CASE EH

Load = 20 1b. b= 6.0x 107 Ib-sec/, 2
Preload = 12 1b.
L
==1.0
%- 1.5 x 10-3 in. D
{at O RPM)
t.
P, = 15 psia D 0.05
30 =+ e _
r E 1 R g I
{ — -
200 RSk ab
= EESSEE=ss SEES
H -
- -] i N i)
I 1|
1 [ Lt
5 4
-1 h pivot x 10" (in.)
1 Preload Pads
0 Ll | | RN
| ; e - ] I -
,-.—.i- I | - |
i
10-.;- —1

10”

h pivot x 104 (in.);'_“f.:'j.
4 Loaded Pads g
i e e s L I ol e oo [ S e
!1\_;;, :T,L_‘_ i’ | -}___ i | 1‘_ Z #-
3 1 1 T L | i i ] [
T B N o
LI [ "
S T
.:_.r';;‘
2 T
10 20 30 40 50

Speed, (RPM x 1073y

Fig. 30 Performance of Tilting Pad Journal Bearing, Case H
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TILTING PADS - CASE I
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Fig. 32 Performance of Tilting Pad Journal Bearing, Case I
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TILTING PADS - CASE 1
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TILTING PADS - CASE J
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Fig. 34 Performance of Tilting Pad Journal Bearing, Case J
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FOIL JOURNAL BEARING - CASE A
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Fig.41 Performance of Foil Journal Bearing, Case A
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FOIL JOURNAL BEARING - CASE B
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Fig. 42 Performance of Foil Journal Bearing, Case B
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FOLL JOURNAL BEARING - CASE C
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FOIL JOURNAL BEARING - CASE E
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FOIL JOURNAL BEARING - CASE F
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Fig. 46 Performance of Foil Journal Bearing, Case F

134



FOIL JOURNAL BEARING - CASE G

TG

Load = 0 1b.
Preload = 8 1lb.

i

I
1

TR

aand

|
I
|
i

Pa = 25 psia

6.0 x 1070 ib=sec

in

= 1.0

gt T

Foil thickness = 0.001 in.
(T housing - T shaft) = 200

0.5 ==
_4 ._._i:l t
DK x 1070 (/in) 52
1 S 'c':‘
A B A
20 30 40 50

Speed, (RPM x 10-3)
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FOIL JOURNAL BEARING ~ CASE I

il

Load = 0 1b.

Preload = 8 1b.
Pa = 5 psia

— = r ,:'__‘ o ol ! L o= 6.0 x 10-9 lb-S;c
e in
R ot I G L

e e p - L0

A H W

_ 1] Foil thickness = 0.001 in.
= / | FEP x 102 g (T housing - T shaft) = 200 F.
p4 L \\
f - o e o -

= Yo

|
tf
T [ ;I;
]
t
-
H
T
I

e & fizapaazs

: : B o O i

7! ]"'_Al 42;1"__ I _:Fl: P 1 T

0.3 L 1 i T 1T
10 20 30 40 50

Speed, (RPM x 10

Fig. 49 Performance of Foil Journal Bearing, Case I

137



FOIL JOURNAL BEARING - CASE J
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FOIL JOURNAL BEARING - GASE L
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